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[bookmark: _Toc194095717]Introduction
Internal combustion engine (ICE) bottom-end components endure significant mechanical and thermal stresses, especially in high-performance scenarios. Analysing forces on these parts ensures reliability, efficiency, and structural integrity under cyclic loading, balancing strength and weight (Heywood, 1988). Modern design leverages computational tools like Finite Element Analysis (FEA) and fatigue models to optimize components, yet first-principles calculations remain vital for validation (Stone, 2012). This analysis of the Ford 1.6 Sigma engine assesses:
· Structural integrity and fatigue resistance for durability.
· Weight reduction for better power-to-weight ratio.
· Performance gains via reduced friction and higher efficiency.
· Sustainability through lighter designs for hybrid systems.
Fatigue, overloading, or poor material choices risk catastrophic failure (Shigley & Mischke, 2011). Evaluating forces, stresses, fatigue safety factors (FSF), torques, and material options is critical for robust engine design.
[bookmark: _Toc194095718]The Ford Sigma 1.6 Engine 
The Ford Sigma 1.6L, introduced in 1995, powers road cars and motorsports with its lightweight aluminium build and tuneable design (Ford Motor Company, 2013). High-RPM operation subjects its bottom-end components to significant dynamic loads, where fatigue performance hinges on design, materials, and surface treatments—making it a prime candidate for this analysis.
[bookmark: _Toc194095719]Evaluation of shared, over engineered bottom end components.
The Ford Sigma 1.6 (100–115 hp) and EcoBoost 1.6 GTDi (150–200 hp) share an aluminium block but feature distinct bottom-end components. The Sigma uses powder metal connecting rods, uncoated steel gudgeon pins, and standard torque-to-yield bolts, suited for moderate loads (Ford Authority, 2019). In contrast, the EcoBoost, designed for 35–70 bar turbo pressures, employs hot-forged steel rods with cracked caps, DLC-coated floating pins, and high-strength bolts (Dsport Magazine, 2016). Could the Sigma’s parts be over-engineered to handle such pressures? Fitting EcoBoost components exceeds the 1.5–2 FSF norm for naturally aspirated engines (Automotive Handbook, 2018), suggesting Ford tailored each design to its specific demands rather than sharing over-engineered parts.
[bookmark: _Toc194095720]Objectives of This Study
This study optimizes the Ford Sigma 1.6 engine’s bottom-end components for 7–9k RPM performance by:
· Calculating forces and stresses at the conrod midpoint, gudgeon pin, and conrod bolts via first-principles.
· Determining fatigue safety factors (FSF) and lifespan with Goodman diagrams.
· Assessing stress, fatigue strength, and loads at extended RPMs.
· Redesigning conrod bolts to improve FSF under high-RPM conditions.
· Enhancing geometry, materials, and treatments for durability.
· Comparing torque profiles in various crankshafts for high-RPM suitability.

[bookmark: _Toc194095721]Assumptions and Limitations
This analysis assumes steady-state thermal conditions with no temperature fluctuations or gradients; material properties were treated as constant. Lubrication and friction were simplified using constant coefficients. Crankshaft torsional harmonics and structural vibrations were not considered. Stress concentrations were calculated analytically from idealised geometry. Manufacturing effects like shot peening were approximated via empirical factors and reaserch. Inertia forces included only first and second order terms. Rotating/reciprocating mass splits were idealised. UTS was used as a failure proxy, though components such as connecting rods may fail in compression, where steel behaviour differs. These assumptions aid tractability but reduce physical accuracy.
[bookmark: _Toc194095722]Pressure Data
[image: A graph with a line graph

AI-generated content may be incorrect.]Engine pressure data clarification was necessary, as the file titled "Ford Sigma" suggested a naturally aspirated engine, while the spec sheet referenced the turbocharged 1.6 EcoBoost GDTi. To resolve this, we applied a 1.4 scaling factor to estimate GDTi pressures, based on typical ranges—9–10 bar for NA and 12–15 bar for turbo engines (Heywood, 1988; Stone, 2012; Pulkrabek, 2014). Comparing this to real GDTi data showed just a 2.44% difference, confirming the given Sigma data reflects a naturally aspirated engine and validating the extrapolation method. Additionally in the notes L1 & L2 are the wrong way round. Therefore they were swapped for the purpose of analysis in this report.[bookmark: _Toc194071561]Figure 1 – Given Sigma data vs Actual GDTi data vs Estimated GDTI cylinder pressure at 6000 RPM

Cylinder pressure plotted against crank angle shows peak combustion pressure at 17–24° after TDC, with ignition timing advancing from 5° ATDC at 1000 RPM to 6° BTDC at higher RPMs (Figure 1). This reflects engine kinematics: low RPM allows more flame propagation time; higher speeds need earlier ignition for optimal crank leverage. At 3000 RPM, peak pressure reaches 6.9 MPa, matching peak volumetric efficiency (VE) before airflow limitations reduce charge density. VE was calculated as:         
                                                                 

Normalized VE values ensured pressure trends reflect real-world charge dynamics for accurate force calculations (Appendix A). PCHIP interpolation extended data to 9000 RPM, accounting for a 67% shorter intake duration than at 3000 RPM and choked airflow. A moving average filter ensured reliable force data. 
[image: ][image: ][bookmark: _Toc194071562]Figure 2 - Interpolated Cylinder Pressure (1,000 - 9,000 RPM) Using VE-Based Scaling
[bookmark: _Toc194071563]Figure 3 - Given Cylinder pressure against crank angle 1-6k rpm

 
[bookmark: _Toc194095723]Forces & Kinematics
[bookmark: _Toc194095724][image: ]Piston position and Velocity
[bookmark: _Toc194071564]Figure 4 - Piston position and velocity.
[image: A graph of a function

AI-generated content may be incorrect.]The piston’s displacement (S) is determined by crank angle (θ), stroke, and connecting rod length (L), defining piston position throughout the cycle. This governs velocity and acceleration, affecting combustion efficiency and mechanical loading.
[bookmark: _Toc194071565]Figure 5 - Piston acceleration vs. Crank angle
Piston acceleration peaks at TDC (0° & 360°) and BDC (180°), where direction reverses. At 9000 RPM, it reaches nearly 50,000 mm/s², amplifying stress on wrist pins, conrods, and bearings. The quadratic scaling with RPM highlights why lightweight materials and high-strength alloys are crucial for performance engines.
[bookmark: _Toc194095725]Inertia forces
Inertia force directly follows acceleration, as F=ma. It peaks at ±10,000 N at TDC and BDC.
[bookmark: _Toc194095726]Gas force and combustion influence
[bookmark: _Toc194071566][image: A graph of a normal distribution

AI-generated content may be incorrect.]Figure 6 - Gas forces across 1-9K RPM
The gas force () is derived from combustion pressure acting on the piston crown.
· Peak gas force (~32,000 N) occurs just after TDC, driven by the rapid pressure rise in the power stroke clearly visible at 1000 RPM at 1.1K N.
· The compression stroke exhibits a gradual force increase, limited by heat losses and polytropic compression.
· The asymmetric force profile aligns with heat release rates and flame propagation, crucial for optimizing ignition timing and combustion phasing.
[bookmark: _Toc194095727][image: A graph of a graph

AI-generated content may be incorrect.]Rod and Net forces
[bookmark: _Toc194071567]Figure 7 - Net forces across 1-9K RPM
The rod force transmits piston loads to the crank and exhibits two key peaks:
· Compressive peak (~22,000 N) just after TDC results from combustion and inertia forces combining.
· Tensile peak (~18,000 N) before TDC on the exhaust stroke is caused by inertia forces pulling against the rod.
The net force reveals engine stress balance:
· Strong negative peak (~-22,000 N) at TDC indicates maximum compressive stress on the crank and conrod.
· Higher RPMs flatten the net force variation, showing inertia dominance over gas force, emphasizing the need for lightweight reciprocating components and optimized ignition timing.
[bookmark: _Toc194095728][image: A graph of different colored lines

AI-generated content may be incorrect.]Side and Frictional forces
[bookmark: _Toc194071568]Figure 8 - Side and Frictional forces, at key RPM sites
· Side force (~2,700 N) peaks near 30° and -115°, caused by conrod angularity. This drives cylinder wall loading, increasing wear and friction, particularly at high RPMs.
· Strategies like wrist pin offset, low-friction coatings, and improved lubrication mitigate these losses.
· Frictional force (~200 N peak) follows the side force trend but is considerably less as expected, confirming that liner wear and energy losses are directly influenced by piston skirt contact and lubrication strategies.
[bookmark: _Toc194095729]Forces Conclusion
The data confirms that gas forces dominate after TDC, while inertia forces increase with RPM, influencing material fatigue and structural integrity. High rod forces indicate severe tensile and compressive cycling, demanding robust conrod design. Side and frictional forces contribute to cylinder wall wear and energy losses, while rod whip and cap inertia forces highlight secondary vibrations, intensifying at high speeds. These trends reinforce high-performance design priorities: minimizing reciprocating mass, optimizing ignition timing, and enhanced lubrication. For more data see appendix B.







[bookmark: _Toc194095730]Table 1 – 
	Force Type
	Max (N)
	Min (N)


	Inertia
	9971.24

	-5470.55


	Gas
	33838.68

	172.05


	Net
	30636.11

	-9471.21


	Rod
	30757.62

	-9473.33


	Side
	3571.88

	-1598.94


	Friction
	357.19

	-159.89


	Whip
	5195.1

	-84.73


	Cap inertia
	12999.82

	0

	Total Cap
	18194.92

	-25.41



[bookmark: _Toc194095731]Fatigue Safety Factor (FSF) Analysis
Fatigue Safety Factor (FSF) measures a component’s resistance to cyclic failure. Defined as: 

where ​ is the endurance limit (typically 45% of ultimate tensile strength, UTS, for steel; Shigley & Mischke, 2015) and is the applied stress range. For naturally aspirated engines, FSF ranges from 2–3; turbocharged engines range from 2.5–4 due to higher thermal and pressure loads (van Basshuysen & Schäfer, 2016). FSF > 2.0 may suggest over-engineering, while FSF < 1.0 indicates failure risk (Budynas & Nisbett, 2020).
Using UTS suits bolts in tension but oversimplifies rods and pins, which fail via buckling, bending, or fatigue—often below UTS—potentially missing key failure modes.
[bookmark: _Toc194095732][image: ]Connecting rod FSF
[bookmark: _Toc194071569]Figure 9 - Connecting rod goodman diagram
At 6000 RPM, fatigue analysis compares the stock connecting rod (FSF 3.19) to a shot-peened version (FSF 3.99). Shot peening cuts max stress 30%, reduces stress range 22.4%, and boosts UTS 21.5%, widening the Goodman diagram’s safety margin (Iyyadurai et al., 2024). The stock FSF of 3.19 suggests a safe but possibly over-engineered design.
Surface Treatment Rationale
Shot peening offers practical advantages:
· Lowers tensile stress peaks 30%, reducing fatigue risk (Iyyadurai et al., 2024).
· Raises UTS 21.5%, enhancing durability without thermal impact (Iyyadurai et al., 2024).
Alternatives like nitriding (high heat, 550°C; Yao et al., 2017) or coatings (SiC-Si, Delta-Protekt, Ni-Co; Liu et al., 2023; Fragnoli et al., 2024; Wang et al., 2022) improve hardness or corrosion resistance but are less practical due to complexity or core property changes.
[bookmark: _Toc194095733]Table 2 – Shot-Peened vs. Stock Connecting Rod Stress and FSF.
	Condition
	Min stress (MPa)
	Max stress (MPa)
	Mean stress (MPa)
	Stress range (MPa)
	UTS (MPa)
	FSF

	Untreated (stock)
	-16.16
	47.49
	14.17
	63.65
	750
	3.19

	Shot-peened
	-16.16
	33.24
	8.54
	49.40
	911.25
	3.99



[bookmark: _Toc194095734][image: A graph showing a line

AI-generated content may be incorrect.]Gudgeon Pin FSF
[bookmark: _Toc194071570]Figure 10 - Gudgeon pin goodman diagram.
At 6000 RPM, the gudgeon pin’s FSF is 3.29, with a stress range of 319.11 MPa (Insert Table X). Unlike the conrod, which benefits from shot peening, the pin operates in a high-contact sliding environment where low surface roughness is critical. It likely has a Diamond-Like Carbon (DLC) coating, as in the EcoBoost variant (DSPORT, 2016), with ~Rc 54 hardness and 0.1–0.4 μm roughness, minimizing wear and friction. Shot peening, which increases roughness to ~7.89 μm (Iyyadurai et al., 2024), would be detrimental. Figure 10 shows the real stress range within safe limits, confirming the pin’s durability without further treatment.
[bookmark: _Toc194095735]
Engineering Implications
Shot peening extends fatigue life 25%, cuts stress range 22.4%, and lifts FSF to 3.99 without added weight, optimizing durability (Iyyadurai et al., 2024). The DLC-coated gudgeon pin needs no upgrade (DSPORT Magazine, 2016). This confirms stock over-engineering, supporting targeted treatments over redesigns.

[bookmark: _Toc194095736]Con rod bolts FSF
[image: ]At 6000 RPM, the rod bolt has a FSF of 2.15, with stresses ranging from 558.97 MPa to 661.9 MPa, confirming safe operation under standard loading conditions (van Basshuysen & Schäfer, 2016).[bookmark: _Toc194071571]Figure 11 - Connecting rod bolt goodman diagram at 1-6k RPM

At 9000 RPM, FSF drops to 0.845, indicating failure risk due to excessive stress beyond the endurance limit. Figure 11 shows the real stress range exceeding the allowable fatigue limit, confirming that the bolt is unsuitable for extended high-RPM operation. A higher-strength material or redesign—such as waisted shank geometry or increased preload—would be required to maintain an FSF above 1.5 at elevated speeds (Budynas & Nisbett, 2020).
[bookmark: _Toc194095737]Con rod bolt re-design

[image: ]
[bookmark: _Toc194071572]Figure 12 - Waisted rod bolt goodman diagram at 9k RPM with cut vs rolled threads.
[bookmark: _Toc194095738]Con Rod Bolt Design Considerations
Rolled threads enhance fatigue resistance by preserving grain continuity, inducing surface compression, and reducing stress concentrations, while also improving surface finish, minimizing torque scatter, and ensuring consistency in high-volume production (KeyStone Threaded Products, n.d.; Lindsay, 2017). Cut threads on OEM Sigma bolts, though functional, offer better dimensional precision but lower fatigue and shear strength, with more waste and less production efficiency (Rolled Threads Unlimited, n.d.). Torque-to-Yield (TTY) bolts, tightened near yield strength, ensure consistent preload under cyclic loads but require replacement after removal due to plastic elongation limiting preload retention (Shenoy & Fatemi, 2006; Nassar & Yang, 2009; VDI, 2014). Waisted shank bolts improve fatigue life by evenly distributing loads, reducing thread root stress (Webster et al., 1983). Friction at threads and under head can be reduced by lubrication, coatings, or optimized geometry can prevent torsional overstress and failure from over-tightening (Lange, 1993).
[bookmark: _Toc194095739]Material selection
To handle 9k RPM stresses, the OEM Sigma bolt material should upgrade to AISI 4340. The original, even with waisted shanks, risks failure with an FSF of 1.05—barely above the fatigue limit. AISI 4340, selected over AISI 8740, AISI H11, MP35N, and Ti-6Al-4V using Granta EduPack data, offers 61% higher UTS, 61% higher yield strength, and 26% higher endurance limit than the OEM bolt (Granta, 2023). AISI 8740 has lower fatigue life, AISI H11 lacks ductility, MP35N is brittle and prone to fracture, and Ti-6Al-4V lacks strength. AISI 4340’s compatibility with rolled threads and waisted shanks reduces stress concentrations, improving fatigue resistance and raising FSF to 1.73—within safe limits, as shown in the figure 13.
[image: A graph with a line
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[bookmark: _Toc194071573]Figure 13 - Goodman diagram for modified bolt made from AISI 4340
[bookmark: _Toc194095740]Table 3 – Bolt material selection properties. 
	Material
	UTS (MPa)
	Yield Strength (MPa)
	Endurance limit (MPa)
	Youngs modulus (GPa)
	Elongation (%)
	Modified bolt FSF

	AISI 4340

	1773
	1593
	624.5
	206
	10
	1.73

	AISI 8740

	1668
	1573
	625
	206
	11
	1.63

	AISI H11

	1993
	1298
	495
	216
	9
	1.86

	MP35N

	1888
	1713
	823.5
	240
	8.9
	1.59

	Ti-6Al-4V
	920
	848
	354
	114.5
	12
	1.57

	Sigma stock bolt

	1100
	990
	495
	210
	10 (estimated)
	1.05


[bookmark: _Toc194095741][image: ]Re-design result
[bookmark: _Toc194071574]Figure 14 - Original vs Re-designed bolt in situ with dimensions.
The OEM Sigma conrod bolt was redesigned to enhance the FSF at 9000 RPM. The engaged threaded length was reduced from 17.70 mm to 14 mm, with a waisted section of 20mm reducing mass and lowering stress concentrations at the thread root, thereby improving fatigue life.
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[bookmark: _Toc194071575]Figure 15 - Con rod with re-designed bolts in situ.
[bookmark: _Toc194095742]Bolt FEA
[image: A blue and green screw with arrows
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[bookmark: _Toc194071576]Figure 16 - Stress analysis of the redesigned bolt @ 9K RPM
FEA validates the redesign, with Stress concentrations within tolerance.


[bookmark: _Toc194095743]Crankshaft Torque analysis
Analysis of four crankshafts at 6000 RPM shows the cross-plane (Figure 20) delivers smoother torque and more sustained power than the standard (Figure 19), reducing inertia fluctuations (Norton, 2019). Standard’s torque dips increase vibration and wheel breaking traction (Heywood, 1988). Cross-plane suits motorsport with better control; standard is adequate for road use. Big Bang aids drag racing but lacks control. Despite being fitted to the greatest motorcycles the world, the V-Twin’s uneven delivery disturbs chassis, better for low-RPM motorcycles. Cross-plane minimizes component stress; standard, Big Bang, and V-Twin increase it, with Big Bang the highest.
[bookmark: _Toc194095744]Torque and Delivery Analysis[image: A graph of a graph
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[bookmark: _Toc194071577]Figure 17 - Comparison of inertia torque averages across different crankshaft configurations.
[image: A graph of colored lines
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[bookmark: _Toc194071578]Figure 18 - Comparison of inertia torque averages across different crankshaft configurations.
Combined gas & inertia torque control characteristics:
· Standard: Most predictable, evenly spaced pulses, ideal for consistent throttle feel.
· Cross-Plane: Smoother but asymmetrical timing, better for transitional grip, slightly less intuitive.
· Big Bang: Grouped torque spikes, enhance grip but induce lurching.
· V-Twin: Uneven peaks and trough, visceral but destabilising under load.
[bookmark: _Toc194095745]Torque Source Breakdown
[image: A graph of a graph
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[bookmark: _Toc194071579]Figure 19 - Inertia torque for the stock Sigma crankshaft, showing peaks of 2328 Nm and troughs of –1465 Nm
[image: A graph of different colored lines
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[bookmark: _Toc194071580]Figure 20 - Inertia torque for the cross-plane crankshaft, with peaks at 400 Nm and troughs at –400 Nm.
[image: A graph of a wave
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[bookmark: _Toc194071581][image: A graph of a graph

AI-generated content may be incorrect.]Figure 21 - Inertia torque for the big bang crankshaft, showing peaks of 242 Nm and troughs of –1465 Nm.
[bookmark: _Toc194071582]Figure 22 - Inertia torque for the holy grail of engines the 45° V-Twin crankshaft, with peaks at 600 Nm and troughs at –600 Nm.

[bookmark: _Toc194095746]Table 4 – Torque and Inertia at 6000 RPM
	Configuration
	Torque (N/m)
	Inertia Swing (N/m)

	Standard Sigma
	450 / –150
	±1500

	Cross-plane
	500 / –100
	±1200

	Big Bang
	600 / –200
	±2000

	45° V-Twin
	300 / –200
	±500


[bookmark: _Toc194095747]Component Implications
1. Rods & Bolts: Cross-plane reduces alternating loads, improving FSF. Standard increases bolt tension.
2. Crankshaft: Cross-plane lowers fillet stress; standard may require dampers.
3. Block & Bearings: Cross-plane improves NVH; standard may need reinforcement.
4. Piston & Pin: Cross-plane reduces slap and bending; standard increases lateral wear.
[bookmark: _Toc194095748]Engineering Significance
· Motorsport: Cross-plane offers consistent grip, lower fatigue, and better control (Norton, 2019). Big Bang improves traction briefly but increases stress.
· Road Use: Standard crank is simple and predictable but needs NVH management (Heywood, 1988). V-Twin suits low-speed torque, not refined handling.
[bookmark: _Toc194095749]Conclusion
This project fully redesigned the Sigma conrod bolts for 9000 RPM use, raising the FSF to 1.73 via a waisted shank, rolled threads, and AISI 4340 steel. Other components required only validation. Cross-plane crank analysis confirmed improved high-RPM torque delivery, proving focused redesign can unlock high-performance from legacy engines.
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[bookmark: _Toc194071583]Figure 23 - Matlab code showing how VE calculations were interpolated.
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[image: A rainbow colored lines on a grid

AI-generated content may be incorrect.]
[bookmark: _Toc194071584]Figure 24 - Inertia force 1-6 K RPM
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AI-generated content may be incorrect.]Figure 25 - Side force acting on piston at 1-6K RPM
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% Extend RPM range to 7, 8, and 9000 RPM
rpm_ext = 7000:1000:9000;
rpm_full = [rpm, rpm_ext]; % Combined full RPM set

% Define VE trend (Calculated from estimated HP)
VE_percentages = [54, 54, 59, 67, 71, 70, 61, 47, 32] / 71; % Normalize VE (0-1 scale)

% Preallocate extended pressure matrix
pressure_ext = zeros(length(crank), length(rpm_full));

% Interpolate existing data and extrapolate smoothly
for i = 1:length(crank)

pressure_ext(i, 1:length(rpm)) = interpl(rpm, pressure(i,:), rpm, 'pchip’); % Interpolate known data
end

% Apply VE scaling to extrapolated RPMs (7000, 8000, 9000)
for j = length(rpm)+1:length(rpm_full)
scale_factor = VE_percentages(j) / VE_percentages(j-1);
pressure_ext(:, j) = pressure_ext(:, j-1) * scale_factor;

end

% Smooth fluctuations to remove noise
for i = 1:length(crank)

pressure_ext(i, :) = smooth(pressure_ext(i, :), 5, ‘moving');
end
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3D Mesh Plot: Friction Force
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