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1. [bookmark: _Toc192957166]Abstract 
[bookmark: Contents]This study compares standard, cross-plane, and 3-cylinder crankshaft configurations to assess stress distribution and component longevity. The analysis identifies potential over-engineering and highlights opportunities for optimisation.
2. [bookmark: _Toc192957167]Introduction
This report analyses the forces acting on the Ford 1.6 Sigma engine and assesses the structural integrity of its bottom-end components. As engine speed increases, cyclic loading on the connecting rod, gudgeon pin, and bolts leads to greater stress and potential fatigue failure. The analysis focuses on evaluating fatigue safety factors (FSF) and using Goodman diagrams to assess durability. An increase of engine RPM will be used to analyse the effect on the FSF values of the connecting rod bolts, and redeisgns will be produced to lower the FSF. Additionally, different crankshaft configurations—standard, cross-plane, and 3-cylinder—are compared to examine stress distribution and component longevity. All calculations will be conducted using MATLAB, which is commonly used for many aspects of the automotive and motorsport industry (Diana et al., 2024)
2.1. [bookmark: _Toc192957168]Background 
Manufacturers may increase engine RPM to investigate component fatigue, as higher rotational speeds subject engine components to increased cyclic stresses, accelerating wear and potential failure modes. More than 80% of service failures are attributed to fatigue, making the testing vital (Pelleg, 2013). Understanding fatigue behaviour under these conditions is essential to ensure components can withstand real-world operating demands. Various fatigue analysis methods, including stress-life (S-N), strain-life (ε-N), and fracture mechanics approaches help predict component longevity (Sivaranjani et al., 2024). To mitigate fatigue-related failures, design strategies such as material selection, optimised geometry, surface treatments, and stress-relief features are employed, ensuring components achieve their full lifecycle without premature failure due to poor ultimate tensile strength (UTS) (Kaimkuriya, Sethuraman and Gupta, 20240; Niu et al., 2024).
3. [bookmark: _Toc192957169]Engine Component Analysis
The connecting rod, gudgeon pin, and connecting rod bolt are analysed as a system within the engine. The connecting rod transfers forces to the crankshaft, the gudgeon pin facilitates motion, and the bolt holds them together(MARGHITU, 2001). Analysing the stresses in this system is crucial to prevent overstressing any component, which could lead to failure and engine malfunction (Renso et al., 2023). Figure 1 displays the given engine data provided.
[image: A screenshot of a computer program

AI-generated content may be incorrect.]Figure 1 - Ford Sigma 1.6L Engine Data (Harrison, 2025)

3.1. [bookmark: _Toc192957170]Connecting Rod
The connecting rod transfers lateral and axial forces from the piston to the crankshaft, experiencing significant stress and strain. Its motion follows a sinusoidal pattern, reaching Top-Dead-Centre (TDC) at approximately 90° and 450° crank angle and Bottom-Dead-Centre (BDC) at 280° and 620°. This reciprocating movement influences force transmission within the engine, the motion can be described mathematically as , where  is the linear position of the piston,  is the length of the connecting rod, and  is the crank angle (Dunn, 1985) . Axial forces result from gas pressure and inertia, with cylinder gas pressure causing compressive stress during the power stroke (Abraar et al., 2020;Saxena & Sinha, 2016) and inertia contributing to both tensile and compressive loads (Singh et al., 2015; Pathade & Ingole, 2013). When looking at lateral forces, the main cause for concern is the bending stresses which stem primarily from centrifugal effects and are critical at the fillet section of the rod’s ends (Reddy & Subramanyam, 2015; Pathade & Ingole, 2013). Although the lateral forces play a crucial role in the overall stress and distribution, the axial forces are the most significant. 
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Figure 2 - Cylinder Pressure


Figure 2 displays the variation in cylinder pressure with respect to crank angle across different RPMs, with the highest pressure occurring post-TDC during the power stroke (Tunestål, 2011). Peak cylinder pressure generates compressive axial forces on the connecting rod, essential for power transmission to the crankshaft (Pathade & Ingole, 2013). In addition to gas pressure, the reciprocating motion of the piston creates inertia forces which contributes to the axial stresses and results in both tensile and compressive forces on the connecting rod (Abraar et al., 2020). This pressure data is critical for calculating performance metrics such as Indicated Mean Effective Pressure (IMEP) and torque (Maurya, 2019). 
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Figure 3 - Inertia Force

[image: ]Figure 3 illustrates the variation of the inertia forces with crank angle across the RPMs. The inertia forces fluctuate throughout the cycle, with peaks occurring near TDC and BDC, in this case around 10,000N at TDC and -5,000N at BDC, due to the rapid acceleration and deceleration of the piston (Amin, Elmaihy and Shahin, 2023). The interaction between inertia forces and gas pressure forces significantly influences the stress distribution in the connecting rod (Muhammed Abraar, Suresh and Rameeza, 2020). During the power stroke, inertia forces act in opposition to gas forces, partially mitigating peak compressive stress (Pathade & Ingole, 2013). However, at high RPM, inertia forces can become the dominant contributor to axial stress, particularly in tensile loading during the exhaust stroke (Hamrin John, 2016).







Figure 4 - Net Force

Figure 4 presents the net force acting on the connecting rod as a function of crank angle and RPM. The net force is derived from the sum of gas pressure forces and inertia forces, which together determine the total axial loading on the connecting rod (Pathade & Ingole, 2013). The graph shows that the peak net force occurs at approximately 3,500 RPM, reaching around 15,000 Newtons. At lower RPMs, gas pressure forces dominate, leading to higher compressive loading during the power stroke. Calculating the net force is crucial in fatigue analysis, as alternating tensile and compressive forces can accelerate material degradation. 

3.2. [bookmark: _Toc192957171]Gudgeon Pin
[image: ]The gudgeon pin plays a critical role in transferring forces between the piston and connecting rod, experiencing both compressive and tensile loads due to combustion pressure and inertia forces (Deshmukh, 2023).  








Figure 5 - Gudgeon Pin Net Force

Shown in Figure 5 is the net force variation across crank angle and RPM where the sinusoidal pattern is visible. The graph shows the peak compressive forces of approximately 15,000 Newtons at 3,500 RPM and minima near -40,000 Newtons. Similar to the connecting rod, the gudgeon pin undergoes cyclic loading, where combustion dominates at lower RPMs, while inertia forces become more significant at higher speeds.
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Figure 6 - Stresses in the Gudgeon Pin at Point A
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Figure 7 - Stress in the Gudgeon Pin at Point A - Compression

Figures 6 and 7 compare the uncorrected and corrected stress distributions in the gudgeon pin, highlighting the importance of considering compressive effects in stress analysis. The uncorrected stresses in figure 6 shows a pronounced peak in the resultant stress at TDC, primarily influenced by bending (Sigma Bend) and shear (Tau) components. However, this overestimates the tensile stress if compression is not accounted for. In figure 7, the corrected stresses demonstrate how compressive forces mitigate the peak tensile values, providing a more accurate representation of the actual loading conditions. This adjustment is crucial for fatigue analysis, as excessive tensile stress can accelerate crank initiation and propagation. Additionally, the analysis is performed at Point A (Figure 8), a critical location on the gudgeon pin where stress concentrations are highest due to cyclic loading from combustion and inertia forces. Understanding the corrected resultant stress ensures more reliable material selection and structural integrity assessment, ultimately improving the durability of the component.

[image: A diagram of a machine

AI-generated content may be incorrect.]Figure 8 - Point A Gudgeon Pin


3.3. [bookmark: _Toc192957172][image: ][image: ]Connecting Rod Bolt Figure 10 - Standard Bolt FSF Calculation
Figure 9 - Standard Bolts FSF Calculation

[bookmark: Terms]Figures 9 and 10 show the calculations in MATLAB to achieve the FSF for the standard bolt. 
[image: A diagram of a stress test

AI-generated content may be incorrect.]






Figure 11 - Standard Bolt Goodman Diagram


The average fatigue factor of safety (FSF) for a connecting rod bolt is approximately 4.2 (Cheol-Su Kim, 2001). However, Figure 11 shows that the standard bolt operates with a factor of safety (FSF) of 10.5, meaning it is significantly overengineered for its current loading conditions. The reason for this may be due to the fact that it is a high-production engine, and it can be assumed that the manufacturer has designed them with a greater safety margin to account for the manufacturing viability, material inconsistencies and real-world operating conditions. Since the mean stress, allowable stress and stress range are calculating at 7.1Mpa, 492Mpa and 46.8Mpa respectively, this confirms that the bolt is operating far below its fatigue limits. The bolt could be optimised through material or weight reduction improving efficiency without compromising safety. Since a standard connecting rod bolt with a FSF of 4.2 has a 0.003% chance of failure, Weibull distribution can be used to calculate that a bolt with a FSF of 10.5 has a 0.00048% chance of failure. See appendices 8.2 for calculations.
4. [bookmark: _Toc192957173]Force and Stress Analysis
Considering different engine configuration for stress analysis is crucial due to the varied mechanical and thermal demands on the engine components. Different engine configurations can experience distinct stress patterns (Cihan, 2020). 
4.1. [bookmark: _Toc192957174]Standard vs Cross-Plane vs 3-Cylinder
[bookmark: _Toc192957175]4.1.1 Gas Torque 
[image: A graph of gas torque standard

AI-generated content may be incorrect.]Figures 12 through 15 display the Gas Torques in the cylinders across the engine variations at 6000 RPM. 








Figure 12 - Gas Torque Standard


The combustion event timing for the standard configuration was created by offsetting the gas pressure data, then using the Circshift function in MATLAB, the timing of the combustion events was altered to simulate the Cross Plane configuration, which follows a 1-2-4-3 firing order. This order is assumed to display the balanced inertia forces and combustion events more evenly as a cross-plane would. The standard configurations follow a 1-3-4-2 firing order, typical of an inline-four engine. The same method was applied for the 3-Cylinder, which follows a 1-2-3 firing order, standard for Ford’s 3-Cylinder engines.
Figure 13 - Gas Torque Cross Plane
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Figure 14 - Gas Torque Comparison - Standard vs Cross Plane
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Figure 15 - Gas Torque 3 Cylinder


The cross-plane configuration (Figure 13) alters the spacing of combustion events, leading to a smoother torque delivery with reduced peak-to-peak variations in instantaneous torque visible in point A. In contrast, the standard crankshaft exhibits greater torque fluctuations displayed at point B (Figure 14), contributing to increased NVH. The 3-cylinder engine, with its distinct peaks and larger gaps between torque events, results in a less smooth power delivery and potentially higher vibration levels. Point C (Figure 15), similar to point A, marks a transition phase where no active combustion event sustains toque, highlighting the intermittent nature of power delivery. While this helps distribute forces, the larger gaps between torque peaks further emphasise its less consistent torque output compared to four-cylinder configurations.
[bookmark: _Toc192957176]4.1.2 Inertia Torque
[image: ]







Figure 16 - Inertia Torque Standard
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Figure 17 - Inertia Torque Cross Plane

Figures 16, 17 and 18 represent the Inertia Torques across the three different engine configurations at 6,000 RPM: the standard in-line 4, cross plane and a 3-cylinder. The inertia torques across the three variations differ significantly in smoothness and noise, vibration and harshness (NVH) characteristics (Pitchaikani et al., 2009). The standard (Figure 16) has balanced primary forces (Inertia and Gas force), but exhibits secondary imbalance caused by secondary inertia forces, leading to moderate torque fluctuations, peaking at -600 and 600 Newton Metres. The cross-plane (Figure 17) smooths torque delivery by phase-shifting inertia torques (D & E) but increasing the rotational inertia due to heavier counterweights (Christian, 2019). The peak total torques for the cross-plane are around -30 to 30 Newton Metres. In contrast, the 3-cylinder (Figure 18) lacks paired piston movement, resulting in higher inertia torque variations and increased vibrations, often requiring balanced shafts (Hyeok, 2002; Suh et al., 2000). The peal total torques are around -70 to 70 Newton Metres. While the cross-plane offers the smoothest operation, it adds mass and frictional losses, whereas the 3-cylinder benefits from fewer reciprocating parts but suffers from greater NVH challenges.
[image: ]







Figure 18 - Inertia Torque 3-Cylinder

[bookmark: _Toc192957177]4.1.3 Resultant Torques
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Figure 19 - Comparison of Resultant Torques - Standard vs Cross Plane
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Figure 20 - Comparison of Resulatant Torques - Standard vs 3 Cylinder
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Figure 21 - Peak and Average Torque
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Figure 22 - Peak and Average Torque - 3 Cylinder


Figures 19 through 22 show the instantaneous and resultant torque for the three configurations. When looking at figure 19, the standard configuration displays significant torque fluctuations, indicating abrupt force transmission and increased NVH. The cross-plane configuration, with evenly spaced combustion events, offers smoother torque delivery. However, Figure 20 reveals gaps between torque peaks due to fewer power strokes than the four-cylinder, leading to more varied torque delivery. It also shows lower torque in the 3-cylinder, highlighting the need for a balanced crankshaft.
Figure 21 shows that there is a peak in torque at 2,000 RPM, dropping after 5,000 RPM suggesting a strong mid-range torque delivery. Figure 22 displays a similar pattern but with a sharper torque drop beyond 4,000 RPM, suggesting a less sustained high-RPM torque. Both graphs demonstrate how fewer cylinders result in lower torque output, visible in the average torque due to less frequent combustion events.
4.2. [bookmark: _Toc192957178]Forces at 9,000 RPM
It is important to review the forces acting on the components at higher engine speed as their structural integrity will be compromised due to increased cyclic loading and this will give insight into if the components will be able to withstand long-term operation without failure.
[bookmark: _Toc192957179]4.2.1 Torque

[image: A graph of a graph

AI-generated content may be incorrect.]Figure 23 - Inertia Torque at 9,000 RPM - Standard









Figures 23 to 25 display the inertia torque at 9,000 RPM across the three configurations. When comparing these to figures 16, 17 and 18, the increase in torque is instantly visible. The percentage increase is shown in Table 1.
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Figure 24 - Inertia Torque at 9,000 RPM - Cross Plane
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Figure 25 - Inertia Torque at 9,000 RPM - 3 Cylinder


	Torque Increase Comparison 

		Configuration
	Torque at 6000 RPM (Nm)
	Torque at 9000 RPM (Nm)
	Percentage Increase

	Standard
	623.52
	1403.22
	125%

	Cross-Plane
	28.89
	65.65
	127.3%

	3-Cylinder
	68.95
	1145.81
	1562.1%





Table 1 - Torque Increase Comparison

The increase in inertia torque for the different configurations are linked to how each influence the engine’s rotational dynamics in regard to mass distribution and the frequency of oscillations of the rotating components. The standard configuration experiences a significant increase due to greater rotational resistance at higher engine speeds, leading to vibrations and requiring stronger materials to prevent premature failure. The cross-plane also sees a torque increase due to uneven combustion events, causing uneven forces on the crankshaft and reducing engine smoothness. The 3-cylinder sees a dramatic increase again due to the imbalance between combustion events, these engine configurations experiences greater primary and secondary forces. This significant increase of force will lead to increased wear on components further insisting on the need for balancing. 






[bookmark: _Toc192957180]4.2.2 Standard Bolt at 9,000 RPM

[image: A diagram of a stress test

AI-generated content may be incorrect.]Figure 26 - Standard Bolt Goodman Diagram at 9000 RPM











	FSF Comparison for Standard Bolt 


Although the standard bolt (Figure 11) was significantly overengineered for its loading, when calculating the stress and FSF at 9,000 RPM (Figure 26), it’s clear to see that the bolt integrity drops quite significantly. The differences are outlined in Table 2.
	[bookmark: _Hlk192858720]RPM
	FSF
	Mean Stress (MPa)
	Allowable Stress (MPa)
	Stress Range (MPa)

	6000
	10.5
	7.1
	492
	46.8

	9000
	4.57
	32
	961
	211


Table 2 - FSF Comparison for Standard Bolt

At 9,000 RPM, the higher mean stress and stress range cause a substantial reduction in FSF, meaning the bolt is more likely to experience fatigue failure. 

4.3. [bookmark: _Toc192957181]Fatigue Safety Factors 
[image: A diagram with colored lines and numbers

AI-generated content may be incorrect.]Figure 27 - Connecting Rod Goodman Diagram
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Figure 28 - Gudgeon Pin Goodman Diagram


Figures 27 and 28 show the Goodman Diagrams for the connecting rod and the gudgeon pin. The FSF of these components are notably lower than the connecting rod bolt, this is because the connecting rod bolts are subjected to the highest stresses and are critical for holding components together. The connecting rod and gudgeon pins FSF are 2.58 and 3.93 respectively, meaning that they are both within the margin of safety to withstand cyclic loading. If a FSF is less than 1, the component would have a high risk of failure and low reliability (Huyse and Enright, 2006).
5. [bookmark: Procedure][bookmark: Materials][bookmark: _Toc192957182]Redesign of Connecting Rod Bolts 
Since the FSF of the bolt needs to be higher than the other components, it is important to look at ways in which we can reduce possible failure. To increase the FSF, a few approaches can be taken such as different materials, coatings, geometries and ultimate tensile strengths (UTS). The Goodman Diagrams for these implemented changes are shown in figures 29 through 34 and parameters are available in Table 3. 
[image: ]








Figure 29 - Phosphorous Coated Bolt Goodman Diagram
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Figure 30 - Electro Zinc Plated Bolt Goodman Diagram


[image: ]Figure 31 - Waited Shank Bolt Goodman Diagram
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Figure 32 - Reduced Head Diameter Bolt Goodman Diagram





[image: ]








Figure 33 - Standard Bolt with Phosphorous Coating



[image: ]Figure 34 - Reduced Head Diameter Grade 14.9 Bolt Goodman Diagram













	Type 
	UTS (MPa)
	Mu
	Pitch Diameter (mm)
	Bolt Head Diameter (mm)

	Standard 
	1100
	0.12
	8.1
	12.9

	Phosphorous 
	1200
	0.17
	8.1
	12.9

	EZP
	1200
	0.22
	8.1
	12.9

	Waisted Shank
	1100
	0.12
	8.5
	12.9

	Reduced Head Diameter 
	1100
	0.12
	8.0
	11

	Standard + Phosphorous 
	1100
	0.17
	8.1
	12.9

	RHD Grade 14.9
	1400
	0.12
	8.0
	11



	Bolt Parameters 



Table 3 - Bolt Parameters

[image: A screenshot of a computer

AI-generated content may be incorrect.]For the standard bolt, μ was assumed at a standard rate. For the phosphorous-coated bolt, μ was taken from data: dry (0.13–0.24) and lightly oiled (0.11–0.17) (Harrison, 2025). Similarly, for the Electro Zinc Plated bolt, μ was based on dry (0.18–0.42) and lightly oiled (0.13–0.22) values. Assumed μ values represent mid-range for dry and high for lightly oiled conditions. Diameters for waisted shank and reduced head bolts were also assumed, while the UTS for graded bolts (Figure 34) follows typical values (MFG Shop, 2024).Table 4 - FSF Results for redesigns

Table 4 presents the FSF and stress changes for the different bolt types. The aim is to surpass the standard bolt in all areas for improved strength and fatigue resistance. While no bolt outperforms the standard in every aspect, the reduced head diameter bolt (Figure 32) and the reduced head diameter grade 14.9 bolt (Figure 34) show an 87.5% overall improvement. The reduced head diameter helps distribute stress more evenly and lowers mass, reducing forces and stresses (Altabey, 2023). Although the minimum stress increases slightly, the overall reduction in other stresses indicates a net improvement in performance and longevity.
6. [bookmark: Summary][bookmark: Introduction][bookmark: Main][bookmark: _Toc192957183]Conclusion
After calculating the forces on each component, the FSF were 2.58 for the connecting rod, 3.93 for the gudgeon pin and 10.5 for the connecting rod bolt. While the connecting rod and the gudgeon pin are within safety margins, the connecting rod bolt is overengineered and can be optimised. At 9000 RPM the FSF for the bolt decreased due to elevated torque experienced, decreasing by an average of 56.22%. Running at higher engine speeds or longer amounts of time, the bolts would experience failure much faster than standard operation. A reduced head diameter Grade 14.9 bolt showed a 202.85% increase in FSF, with lower stress and better distribution, mass reduction, and higher yield strength. When looking at the crankshaft configurations, the cross-plane configurations offer the highest reliability due to its even distribution of instantaneous torque.  cross-plane crank configuration provides the highest reliability, with 182.2% less torque than the standard and 130.1% less than the 3-cylinder. While each configuration has its benefits, the cross-plane is best for road vehicles (lower NVH), the 3-cylinder suits small cars with low-power needs, and the standard is ideal for racing (higher peak torque). Further FEA validation could refine these results.
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8. [bookmark: _Toc192957185]Appendices 
8.1. [bookmark: _Toc192957186]Bolt Goodman Diagrams 

Figures 35 – 41 display the goodman diagrams for other standardised bolts, all bolts at 9000 RPM and the average amount of FSF lost between the two ranges. 


[image: ]Figure 35 - Grade 8.8 Bolt Goodman Diagram











[image: ]Figure 36 - Grade 10.9 Bolt Goodman Diagram
















[image: ]Figure 37 - Grade 14.9 Bolt Goodman Diagram












[image: ]	Figure 38 - Electro Zinc Plated Bolt Goodman Diagram at 9000 RPM















[image: ]Figure 39 - Standard Bolt + Phosphorous Coating Goodman Diagram at 9000 RPM










[image: ]Figure 40 - Reduced Head Diameter Grade 14.9 Bolt Goodman Diagram at 9000 RPM
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Figure 41 - FSF at 6000RPM vs 9000 RPM


The Grades bolts, seen in figures 35, 36, 37 and 40 refer to different types of high tensile bolts that are available. Each of these differ with UTS and yield strength shown in table 5. 

	Type 
	UTS (MPa)
	Yield Strength (MPa)

	Grade 8.8
	800
	640

	Grade 10.9 
	1000
	900

	Grade 12.9
	1220
	1100

	Grade 14.9
	1400
	≥ Grade 12.9 but not stated






Table 5 - Bolt Type Parameters


As visible, when the UTS is higher, the yield strength increases along with the FSF. This means that an extremely high FSF can be reached ensuring that there is little chance of fatigue failure. Shown in figure 41 is the percentage of FSF loss between 6000 and 9000 RPM; to keep the graph concise not all bolts were included in this in calculation. However, between the standard, Grade 8.8, Electro Zinc Plated, Standard with phosphorous coating and reduced head diameter grade 14.9 bolts the average FSF loss is 56.22% between 6000 and 9000 RPM. This shows that it is important to consider different materials and coatings for the bolts for high revving or proposed long-lasting applications to ensure the chances of failure are as low as they can be.  

8.2. [bookmark: _Toc192957187]Weibull Distribution
The probability of failure () is often modelled using a Weibull distribution (Hodges, 1994). Given that an FSF of 4.2 has a 0.003% (Cheol-Su Kim, 2001)chance of failure, we assume a Weibull-like inverse relationship:

Where  is a material dependant exponent. Without an exact value, a reasonable assumption is that failure probability decreases exponentially with increasing FSF. Then we can approximate using an inverse square rule:
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