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1.0 [bookmark: _Toc225089347]Introduction & Methodology

In both automotive and motorsport engineering, high rotational speeds and cyclic loading impose extreme fatigue demands on the engine's bottom end. This report analytically assesses the structural integrity and fatigue life of three critical Ford 1.6L EcoBoost components, the connecting rod midpoint, gudgeon pin and rod bolts.
Using Goodman Diagram assessments, this study evaluates how geometry and material selection mitigate destructive failures, such as rod bolt snapping or gudgeon pin shear. Additionally, the report examines instantaneous torque characteristics, comparing the standard flat-plane crankshaft against a cross-plane alternative. This comparison highlights trade-offs in torque pulse profiles, scavenging efficiency and vibration factors essential for balancing reliability with high-performance power density. (Heywood, 1988)
All calculations were performed in MATLAB using supplied pressure data for the mentioned engine across 1,000 – 6,000 RPM, extended to 9,000 RPM via linear interpolation of peak gas and inertia force data. Piston kinematics were derived from the acceleration equation: 

Equation 1 : Calculation for piston acceleration

Where R is the crank radius, L is the rod length,  is the angular velocity and  is crank angle. Fatigue safety factors were evaluated using the modified Goodman criterion, with endurance limit estimated at 45% UTS consistent with standard practice for steel components (Kumar, 2018).














[bookmark: _Toc225089348]2.0 Engine Cyclic Loadings
[bookmark: _Toc225089349]2.1 Inertia Force
The reciprocating inertia force acting on the engine assembly was calculated across the full operational range of 1,000 – 6,000 RPM using the slider-crank acceleration equation. The total reciprocating mass of 0.347 kg comprises the piston (0.268 kg). rings (0.009 kg), circlips (0.005 kg) and gudgeon pin (0.028 kg), using the inertia force: 

Equation 2 : Inertia force equation for reciprocating assembly

[image: ]
[bookmark: _Toc225089226]Figure 1 : Inertia Force vs Crank Angle & RPM

As shown in figure 1, the inertia force increases proportionally with engine speed, peaking at approximately 8,000 N near TDC and reaching -4,000 N at BDC. This sign reversal occurs twice per revolution as piston acceleration changes direction, imposing a fully reversed cyclic loading on all bottom-end components. The relationship between angular velocity and inertia force is non-linear; at 6,000 RPM compared to 1,000 RPM, inertia forces are approximately 36 times greater, underlining the considerable structural demands imposed on the bottom-end components at higher engine speeds (Heywood, 1988)




[bookmark: _Toc225089350]2.2 Gas Force
The gas force acting upon the piston was determined by converting the supplied cylinder pressure data to pascals and applying it over the bore cross-sectional area: 


Equation 3 : Gas force equation

[image: ]
[bookmark: _Toc225089227]Figure 2 Cylinder Pressure vs Crank Angle & RPM

As presented in figure 2, peak cylinder pressure of approximately 4.5x10^4 Pa occurs within a narrow crank window immediately following TDC at 0 degrees, corresponding to the combustion event. The pressure surface rises sharply at ignition and reduces progressively through the expansion stroke, becoming negligible during the exhaust and intake phases. This transient loading profile confirms that gas forces are impulsive in nature and concentrated around TDC, contributing a dominant compressive force to the piston and connecting rod assembly during each firing event. As well as this, the peak gas force increases with RPM as the combustion efficiency improves across the operating range.





[bookmark: _Toc225089351]2.3 Net Force
The net force acting along the cylinder axis was calculated as the difference between the inertia and gas forces: 


Equation 4 : Net force equation

[image: ]
[bookmark: _Toc225089228]Figure 3 Net Force vs Crank Angle & RPM

As shown in figure 3, the net force surface is mainly compressive throughout the RPM range, reaching a minimum of approximately -4.5 x 10^4 N at combustion crank angles where the gas force dominates. Away from the combustion event, the net force reduces in magnitude and briefly becomes tensile, driven solely by inertia of the reciprocating assembly. This transition between compressive and tensile loading with every engine cycle forms a fundamental basis of fatigue analysis for all three components investigated, as neither are purely static or compressive stress states which exists in the engine cycle. As a result, the net force was used to derive the connecting rod force by resolving for the angle phi , the lateral side force on the piston and the friction force providing the complete force environment required for the stress and fatigue analysis.






[bookmark: _Toc225089352]3.0 Component Analysis
[bookmark: _Toc225089353]3.1 Conrod Midpoint
The fatigue analysis of the connecting rod midpoint was conducted using the modified Goodman Criterion, with results presented in figure (4). The minimum and maximum stresses are shown indicating the loadings in which the midpoint experiences, resulting in a FSF of 4.14 calculated from the materials properties.

[bookmark: _Toc225089229]Figure 4 Goodman Diagram for Connecting Rod
[image: ][image: ]
[bookmark: _Toc225089230]Figure 5 Conrod with similar FOS (Basavaraju, 2015)

This safety factor significantly exceeds the typical accepted minimum ranging from 1.5 – 2.0 for dynamically loaded engine components (Henriques, 2021), indicating the connecting rod midpoint carries considerably more material than required to meet minimum fatigue life requirements, This is consistent with over-engineering at the standard operating range. Whilst a reduction in cross-sectional area could be justified from a performance perspective, it should be noted that this analysis assumes a uniform stress distribution and does not account for local stress concentrations around features like oil holes or fillets (Sage Journals, 2023). If this is taken into consideration it would reduce the effective FOS. Figure (5) shows a similar study from (Basavaraju, 2015) showing a conrod with a similar FOS and where the expected loadings occur.







[bookmark: _Toc225089354]3.2 Gudgeon Pin
The gudgeon pin was assessed under combined bending and shear loading, with the resultant stress calculated using the von Mises criterion to account for the multiaxial stress state at point A: 


Equation 5 : Von Mises Resultant Stress Equation 

From the Goodman diagram in figure 6, the minimum and maximum stresses are shown as well as the allowable stress range and FOS of 3.84. Consistent with the connecting rod findings, this value considerably exceeds the accepted minimum for dynamically loaded components, indicating a degree or over-engineering within the standard operating range. 
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[bookmark: _Toc225089231]Figure 6 Gudgeon Pin Goodman Diagram Comparison : Effects of Surface Finish

The lower Goodman diagram shows a surface finish correction of -55 N/mm^2 was subsequently applied to reflect the reduction in endurance limit. This is justified by research showing that a rough machined surface introduced micro-level stress concentrations at the surface which act as crack initiation regions (Obiukwu, 2015). Applying a surface finished produced a revised FSF of 4.04, an increase of approximately 5.2%, with the allowable stress range increasing by 5.0% to 1,035.2 MPa. The improvement occurs due to a reduction in the mean stress resulting in the operating point moving further away from the endurance limit boundary. This demonstrates that when real-world surface finishing conditions are accounted for this can have a positive impact upon the FOS (Strozzi, 2018).

[bookmark: _Toc225089355]3.3 Con Rod Bolt
The conrod bolt was assessed under two loading conditions to evaluate the influence of gas pressure on fatigue life. The additional bolt load was determined using the stiffness ratio:


Equation 6 : Bolted Joint Stiffness Equation

The stress concentration factor  was applied using the (Heywood, 1988) empirical coefficients to account for stress intensification at the first engaged thread.
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[bookmark: _Toc225089232]Figure 7 Conrod Bolt Goodman Diagram : Without vs With Gas Force

Figure 7 displays Goodman diagrams for the conrod bolts, comparing cases with and without gas force. Excluding gas force, the bolts exhibit a Fatigue Safety Factor (FSF) of 2.31. Incorporating gas force reduces the maximum stress by 0.6% to 568.9 MPa and increases the allowable stress to 87.2 MPa, improving the FSF by 9.9% to 2.54.
This improvement occurs because combustion pressure at TDC directly opposes the upward inertia force. By partially counteracting the tensile load pulling on the bolts, gas pressure lowers the mean stress (Jia, 2025). This shifts the operating point further from the endurance limit, demonstrating that while combustion increases piston loading, it simultaneously reduces the tensile demand on the connecting rod assembly during the firing stroke.

[bookmark: _Toc225089356]4.0 Extended RPM Analysis & Bolt Redesign
[bookmark: _Toc225089357]4.1 Extended RPM Analysis
To assess the structural capabilities of the conrod bolt beyond the standard operating range, the RPM data was extended from 6,000 to 9,000 RPM through linear extrapolation of the peak gas force data, as presented in figure 8. The interpolated region, shown by the red dashed line, assumes a continued linear increase in gas force from approximately 1,330 N at 6,000 RPM to 1,700 N at 9,000 RPM.

[image: ]
[bookmark: _Toc225089233]Figure 8 Gas Force Interpolated from 6000 RPM to 9000 RPM

Whilst this provides a reasonable first-order approximation, linear extrapolation introduces inaccuracy as the combustion pressure behaviour at higher speeds is typically nonlinear, influenced by factors such as reduced air-fuel charge quality and changes in combustion timing at higher speeds. A more accurate approach would be to implement measured experimental pressure data across the full extended RPM range, or a physics-based combustion model to predict the pressure and gain a more accurate way to determine the FOS.
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[bookmark: _Toc225089234]Figure 9 Conrod Bolt Goodman Diagram : 9000 RPM With & Without Gas Force

At 9,000 RPM, the bolt's structural integrity is compromised. Figure 9 shows that without gas force, the FOS drops to 0.98, predicting fatigue failure. Including gas force marginally improves the FOS to 1.04, a 0.7% stress reduction, but this remains near the critical threshold. Compared to 6,000 RPM, the FOS decreased by approximately 58%, proving that escalating inertia forces at higher speeds outweigh any relief provided by opposing cylinder pressure.
These results confirm the current bolt geometry is inadequate for 9,000 RPM. Operating at these limits would trigger rapid fatigue crack initiation at the first engaged thread, where stress concentrations are highest, leading to failure (Griza, S., 2008). Redesigning the bolt to restore an acceptable FOS is therefore essential.








[bookmark: _Toc225089358]4.1 Conrod Bolt Redesign 
Following the identification of an unacceptable FSF at 9,000 RPM, a sensitivity study was conducted upon the conrod bolt shank diameter to identify the geometry capable of restoring the FOS to an acceptable level. Six shank diameter variants were evaluated ranging from 8.1mm to 4.2mm where the diameter increased consistently by 10% through tests 1 to 4 until increasing by 15% for the final two tests to find where the FOS decreases past 1.0. All results are presented in figure 10.

[image: ]
[bookmark: _Toc225089235]Figure 10 Conrod Bolt Factor of Safety Sensitivity Study Upon Diameter Changes

As shown, the FOS decreases as the shank diameter increases, ranging from 1.929 at 4.2mm to 0.992 at 8.1mm. A consistent trend can be analysed; this is because a larger shank diameter increases the bolt stiffness as a thinner more flexible bolt absorbs less of the dynamic load as the stiffer cap material takes a greater share, provided the bolt maintains a sufficient preload (Bickford, 2008) 
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[bookmark: _Toc225089236]Figure 11 Conrod Bolt Redesign Original vs Optimised

The Goodman diagram comparison (figure 11) presents the baseline diameter size T1 (D = 6.0mm) against the optimised diameter T4 (D = 4.2mm). T1 produced a maximum stress of 600.9 MPa and a FOS of 1.28, whilst T4 reduced the maximum stress by approximately 3.6% to 579.4 MPa, improving the FOS by 50.8% to 1.93. Whilst T4 represents the optimal geometry within the tested range, reducing the shank diameter also reduces the tensile strength and resistance to yielding under assembly preload; to apply this bolt size this must be considered to ensure the bolt does not yield under tightening (Bickford, 2008). The analysis also assumes idealised loading conditions and does not account for bending or misalignment effects which may further reduce the FOS.










[bookmark: _Toc225089359]4.2 Optimised Material Analysis 
To further improve the conrod bolt, an alternative material investigation was conducted comparing the original material (UTS = 1,100 MPa) against AISI 4340 Q&T steel (UTS = 1,207 MPa), with results presented in figure 12. 

[image: ]
[bookmark: _Toc225089237]Figure 12 Conrod Bolt Goodman Diagram Original vs Alternative Material

Substituting AISI 4340 Q&T reduced maximum stress by 1.1% to 594.3 MPa, whilst the higher endurance limit increased the allowable stress by 20.7% to 102.1 MPa, producing an improved FSF of 1.71, increasing the FSF by 33.6%. This improvement is driven by the higher endurance limit which widens the allowable stress range and adjusts the Goodman boundary outward, as visible in figure 12 where the UTS boundary extends to 1,207 MPa. This shows that the material selection alone can deliver a meaningful improvement in FSF without modifying the bolts geometric values. 








[bookmark: _Toc225089360]5.0 Torque Analysis - Flat-Plane vs Cross-Plane
[bookmark: _Toc225089361]5.1 Flat-Plane Inertia Torque 
The instantaneous inertia torque for the flat-plane crankshaft configuration is presented in figure 13, calculated using: 


Equation 7 : Inertia Torque Equation

[image: ]
[bookmark: _Toc225089238]Figure 13 Inertia Torque vs Crank Angle 

Inertia torque is calculated for a single cylinder and offset by 180-degrees per the firing order. As shown in Figure 13, cylinders 1 and 3 produce identical traces, while 2 and 4 differ slightly due to connecting rod obliquity () interacting with the phase offset.
When combined, the total inertia torque (black line) peaks at approximately +/- 450 Nm, significantly higher than the +/- 150 Nm individual contributions. This amplification is characteristic of the flat-plane crankshaft; this is because cylinders reciprocate in pairs, their inertia torques reinforce rather than cancel. This results in high-amplitude torsional oscillations and increased crankshaft loading throughout operation (HEYWOOD, 1988).






[bookmark: _Toc225089362]5.2 Cross-plane Inertia Torque

[image: ]
[bookmark: _Toc225089239]Figure 14 Cross-Plane Inertia Torque vs Crank Angle

Figure 14 presents the cross-plane inertia torque for all four cylinders. Each cylinder is phased at 90-degree intervals rather than 180 degrees, spreading the sinusoidal contributions more evenly across the cycle. Individual peaks remain at approximately +/- 150 Nm, but when combined the total cross-plane torque (black line) stays closer to zero. A reduction of over 93% compared to the flat-plane. The 90 degree offset means cylinder contributions cancel each other out far more effectively, flattening the torque curve and significantly reducing second order vibrations. This also means that the flywheel can be made lighter as less rotational energy storage is required, therefore making the cross-plane crank the preferred choice in road cars where refinement is prioritised over performance. 












[bookmark: _Toc225089363]5.3 Flat-Plane vs Cross-Plane Torque Comparison

The top graph in figure 15 shows the inertia torque difference clearly. The flat-plane oscillates between +/- 450 Nm throughout the cycle whilst the cross-plane stays within +/- 30 Nm with a peak-to-peak difference of 900 Nm. This is expected due to the flat-plane having cylinders reciprocating in pairs which increases the inertia torque, while the cross-plane spreads accelerations more evenly across the 720-degree cycle reducing the crank shaft torque fluctuation significantly.

[image: ]
[bookmark: _Toc225089240]Figure 15 Flat-Plane vs Cross-Plane Torque Comparison

The lower graph (figure 15) includes a gas torque resulting in a shift in the output. The standard flat-plane produces the lowest range of instantaneous gas torque, while the cross-plane has higher and lower peaks due to the uneven ignition point spacing. This is visible in the graph as the cross-plane peaks at approximately 1,100 Nm against 920 Nm for the flat-plane, around 19.6% higher, but drops to -380 Nm compared to -250 Nm. This larger torque swing would require additional flywheel mass to smoothen the output, partially offsetting the NVH refinement benefits of the cross-plane configuration at lower engine speeds (Heywood, 1988).




[bookmark: _Toc225089364]5.4 Crank Torque Flat-Plane vs Cross-Plane Against Crank Angle

[image: ]
[bookmark: _Toc225089241]Figure 16 Crank Torque Flat-Plane vs Cross-Plane against Crank Angle

Figure 16 shows the combined crank torque for both configurations. The flat-plane (black) produces a regular repeating pattern peaking at approximately 580 Nm, cycling consistently every 180-degrees with troughs slightly below zero; this is due to the evenly spaced firing intervals distributing the torque pulses uniformly across the cycle. While the cross-plane (red) is considerably more aggressive. Peak reach approximately 1,100 Nm, around 90% higher than the flat-plane, but troughs drop to -380 Nm, producing a much larger instantaneous torque change per cycle. This is due to the uneven 90-degree firing spacing which create larger gaps between combustion events where inertia torque dominates. 











[bookmark: _Toc225089365]5.5 Mean Engine Torque Comparison

[image: ]
[bookmark: _Toc225089242]Figure 17 Mean Engine Torque Comparison

Figure 17 compares the calculated mean engine torque against empirical data for the selected engine at both 150 PS and 180 PS configurations. The mean torque is calculated as the average output across the full engine cycle, the calculated torque (red) peaks at around 255 Nm at 3,000 RPM which lines up reasonably well with both empirical curves in the 2,500 – 4,000 RPM range. The 6% friction loss curve sits around 15 – 20 Nm below throughout, which makes sense given that friction losses typically account for 8 – 15% of fuel energy depending on engine speed and lubrication conditions according to (Patel, 2020). Above 4,500 RPM the 150 PS curve drops off sharply to around 172 Nm at 6,000 RPM, whilst the 180 PS variant holds up much better; this suggests it is better optimised for higher engine speeds. The gap between the calculated and empirical results is expected, this is due to the model using a constant friction coefficient and steady-state pressure data throughout the calculations therefore will never perfectly replicate the real engine conditions. 









[bookmark: _Toc225089366]6.0 Conclusion
This report has analytically analysed three key bottom-end components of the Ford 1.6 EcoBoost GDTi engine across the standard and an extended RPM range.
Both the connecting rod midpoint (FSF = 4.14) and gudgeon pin (FSF = 3.84) significantly exceeded the accepted minimum of 1.5 – 2.0 FSF value for dynamically loaded components, indicating over-engineering at the standard operating conditions with potential for mass reduction. The surface finish correction improved the gudgeon pin FSF by 5.2% alone, confirming real-word surface conditions influence fatigue outcomes. 
The conrod bolt FSF of 2.54 at 6,000 RPM dropped to just 1.04 at 9,000 RPM being a reduction of almost 59%, confirming the existing geometry cannot withstand enhanced forces at the elevated speeds. By reducing the diameter of the bolt shank to 4.2mm this improved the FSF by 50.8%, while substituting AISI 4340 Q&T steel provided a further 33.6% improvement through its higher endurance limit. 
The flat-plane crankshaft produced more consistent torque output suited to road applications, while the cross-plane produced peak torques approximately 90% higher, making it better suited to motorsport where peak power and exhaust scavenging efficiency are prioritised over refinement. 

[bookmark: _Toc225089367]7.0 Table of Figures

Figure 1 : Inertia Force vs Crank Angle & RPM	3
Figure 2 Cylinder Pressure vs Crank Angle & RPM	4
Figure 3 Net Force vs Crank Angle & RPM	5
Figure 4 Goodman Diagram for Connecting Rod	6
Figure 5 Conrod with similar FOS (Basavaraju, 2015)	6
Figure 6 Gudgeon Pin Goodman Diagram Comparison : Effects of Surface Finish	7
Figure 7 Conrod Bolt Goodman Diagram : Without vs With Gas Force	8
Figure 8 Gas Force Interpolated from 6000 RPM to 9000 RPM	9
Figure 9 Conrod Bolt Goodman Diagram : 9000 RPM With & Without Gas Force	10
Figure 10 Conrod Bolt Factor of Safety Sensitivity Study Upon Diameter Changes	11
Figure 11 Conrod Bolt Redesign Original vs Optimised	12
Figure 12 Conrod Bolt Goodman Diagram Original vs Alternative Material	13
Figure 13 Inertia Torque vs Crank Angle	14
Figure 14 Cross-Plane Inertia Torque vs Crank Angle	15
Figure 15 Flat-Plane vs Cross-Plane Torque Comparison	16
Figure 16 Crank Torque Flat-Plane vs Cross-Plane against Crank Angle	17
Figure 17 Mean Engine Torque Comparison	18



8.0 References
Basavaraju, S. P. (2015). CAE ANALYSIS ON A FORD ECOBOOST MUST SIS ON A FORD ECOBOOST MUSTANG CONNEC ANG CONNECTING. Texas: Keralapura Basavaraju .
Bickford, J. H. (2008). Introduction to the Design and behaviour of bolted joints. Ohio: John H. Bickford.
Griza, S. (2008). Fatigue in engine connecting rod bolt due to forming laps. Brazil: S. Griza.
Henriques, B. (2021). A Comparison of Safety Factor Values for Soderberg and. Porto: Dr. Roberto Frias.
HEYWOOD, J. B. (1988). Interal Combustion Engine Fundamentals . Massachusetts: JOHN B. HEYWOOD .
Heywood, J. B. (1988). internal combustion engine fundamentals. Massachusetts: Heywood.
Jia, D. (2025). Analysis of the influence of geometric accuracy on the preload and stress of engine connecting rod bolts. china: Dewen Jia.
Kumar, K. (2018). Fatigue Life Estimation of Machine Components. India: Rakshith N.
Obiukwu, O. (2015). The Effect of Surface Finish on the Low Cycle. Zimbabwe: Basil Okafor.
Patel, M. N. (2020). ANALYZING THE TRIBOLOGICAL PARAMETERS OF THE PISTON RING ASSEMBLY EXPERIMENTALLY. India: Mehul N Patel.
Sage Journals. (2023, JUNE 18). On a numerical methodology to assess the fatigue life of connecting rods. Retrieved from On a numerical methodology to assess the fatigue life of connecting rods: https://journals.sagepub.com/doi/10.1177/09544070231180996
Strozzi, A. (2018). A repertoire of failures in gudgeon pins for internal combustion engines, and a critical assessment of the design formulae. Italy: A. Strozzi.


2

image3.PNG
Pressure (Pa)

Crank Angle (Deg)

-200

Cylinder Pressure vs Crank Angle and RPM

-400

1000

2000

10t

45

35

25

15

05




image4.PNG
*10¢

Net Force (N)

&

5

400

200

Net Force vs Crank Angle and RPM

Crank Angle (Deg)

200

-400

1000

—

—

=

=N
5000

4000
3000
2000
RPM

60

10t
05

05




image5.PNG
Alternating Stress (MPa)

1000

800

600

8

200

-200

-400

-600

Goodman Diagram for Connecting Rod
Orin = -206.0 MPa, Omar = 30.3 MPa |  Allowable Range = 979.1 Safety Factor = 4.14

T T T T T T

“Actual Range
Upper Endurance Limit
Lower Endurance Limit
~ Allowable Range
—uTs

0 200 400 600 800 1000
Mean Stress (MPa)





image6.png
Teme: 1
WS 1001 A

15 M





image7.PNG
Alternating Stress (MPa)

Alternating Stress (MPa)

Gudgeon Pin Goodman Diagram Comparison : Effect of Surface Finish

Goodman Diagram : Gudgeon Pin
Omin = -223.4 MPa, Omac = 33.0 MPa | Saiw = 985.7 | FSF = 384

1000 = =
800
600 [
a0 -
200~ 1
0 }
200 (- | “Actual Range H
1 Upper Endurance Limit
-400 I Lower Endurance Limit [
~ Allowable Range
- UTS Boundary M
I I I I T

-200 0 200 400 600 800 1000
Mean Stress (MPa)

Goodman Diagram : Gudgeon Pin (Surface Finish)
Orin = -278.4 MPa, Omac = -22.0 MPa | Saiow = 10352 | FSF = 4.04

[ e e e —==F=== 3
800 [ -
600 [ ~
a0 ~
T

00 1 -
'
0 !

L “Actual Range i
200 poer Endurance Limit
00} ower Endurance Limit | |

' ~ — - Allowable Range
600 (- - — —uTS Boundary H
I I I I T
200 0 200 400 600 800 1000

Mean Stress (MPa)




image8.PNG
Conrod Bolt Goodman Diagram : Without vs With Gas Force

Goodman Diagram : Conrod Bolt (Without Gas Force)
Orin = 5346 MPa, Omac = 5721 MPa | Saow = 869 | FSF =231 ¢ AEOQQG

F0) Ee— | —— | E—— | S ——— R B —— ! u

i
— 1000 } i
< o0 ! 4
2 800 ' 4

H i
& 0 ' 4
2 600 H 4
= S0 ‘Actual Range 7
B m oot entrnce ||

H Lover Encurance Limit

300 — — Alowable Range ||

- = —UTS Boundary
200E I . . . . N d

600 700 300 900 1000 1100
Mean Stress (MPa)
Goodman Diagram : Conrod Bolt (With Gas Force)
Orin = 5346 MPa, Oma = 568.9 MPa | Saow = 87.2 | FSF = 254

100 T S ———  — T T T =

i
— 1000 ] i
£ 90 : B
2 800 1 4

2 1
& 0 4 4
2 o0 : B
= S0 ‘Actual Range 7
B m oot entrnce ||

H Lover Encurance Limit

300 - — —Alowable Range ||

- = —UTS Boundary
200E I . . . . N d

600 700 800 900 1000 1100
Mean Stress (MPa)




image9.PNG
o0 Gas Force Interpolated 6000 - 9000 RPM £ A50QQAG
T T T T T T T T

1600

-
1400

> 1200

(

Gas Force

1000

800

600

400 | | | | | I | |
100 200 300 400 500 600 700 800 900 1000
Engine Speed (rad/s)





image10.PNG
Conrod Bolt Goodman Diagram : 9000 RPM Without vs With Gas Force
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150 Cross-Plane Inertia Torque vs Crank Angle — 4 Cylinder Engine
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Flat-Plane vs Cross-Plane Torque Comparison
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