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1 Introduction

This paper is about investigating the connecting rod performance from Ford 1.61 GTDI engine by
utilising supplied cylinder pressure data and measuring the engine components. The same method is
then used to investigate con-rod performance under higher cyl. pressure, inertial loads and material
choices, as well as the connecting rod alterations required to meet the same safety standards as in the

Ford production engine.




2 Modified Engine Specifications

For the purpose of this investigation, author has made-up the following base specifications for the

M.E..

e 130 Bar peak cylinder pressure @ 7,000rpm
¢ Redline @ 10,000rpm, with 95 Bar cylinder pressure

These were primarily chosen to enable the author to study the difference of magnitude of the stresses

that cylinder pressure and inertia cause.

To calculate the peak pressure curve for the M.E., author has created 3" order polynomial, Equation

1:

y = —0.0000000002x3 + 0.0000007x2 + 0.02x + 25

Equation 1: Peak Pressure Curve for Modified Engine
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Figure 1: Peak Pressure (& Location Graph

Figure 1 shows the peak pressure comparison between the Ford 1.61 GTDI and the M.E. The peak
pressure after the 7,000rpm mark has been deliberately decreased to increase the emphasis on the

difference between the effective magnitudes of gas and inertial forces.




To make sure that the calculated peak pressure curve seen in Figure 1 is plausible, author has decided
to use the relation between peak pressure and gross indicated mean effective pressure (GIMEP) from
the Ford 1.61 GTDI, which has been calculated using Equation 2, to come up with an empirical

equation: Equation 3 , as seen in Figure 2.

180°

GIMEP = z Pdv
-180°

Equation 2: Gross Indicated Mean Eﬁ%ciiw Pressure in terms ey‘ Work Done

The calculated work done can be observed in Appendix 3.

GIMEP,p pora 1.6 grpr = 0-2494x + 0.9147

Equation 3: GIMEP (3 peak pressure relation for Ford 1.6/ GTDI

GIMEP against Peak Pressure

25.0

20.0
y =0.2494x + 0.9147

15.0

GIMEP (Bar)

10.0

5.0

0.0
0.0 20.0 40.0 60.0 80.0 100.0 120.0

Peak Pressure (Bar)

Figure 2: GIMEP against Peak Pressure Graph

Author has decided to not take into consideration peak pressure above 80Bar due to poor

convergence.




The GIMEP has then been used to calculate the indicated power and torque of the M.E., by using

Equation 4 and Equation 5, as seen in Figure 3.

W, = GIMEP 14 pm
. = * * *
i n N % 120

Equation 4: Indicated Power in terms of GIMEP (Blair, 1999)

_ mZyrpm
30

Equation 5: Indicated Power in terms of Indicated Torque (Blair, 1999)
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Figure 3: Indicated Power & Torque Graph

Figure 3 shows that the power curve of the ML.E. is relatively typical for the use in motorsport.
However, since frictional (FMEP) and pumping (PMEP) losses haven’t been accounted for, the
power and torque at the crank (brake) would decrease as rpm increase, author believes that accounting
for losses isn’t required as the indicated power and torque show the engine performance characteristics

well enough for the purposes of this investigation.




3 Gas Forces

3.1 Production Engine

The supplied cylinder pressures can be observed in Figure 4. It shows that the highest peak pressures
as well as pressure sum (area under the curve) occur at 5,700rpm and 6,000rpm. Because of this, as
well as the fact that inertial forces will be the greatest due to the highest engine speed, author expects
the highest stresses to occur at 5,700rpm and 6,000rpm. Additionally, author believes that the thermal
loading on the connecting rod would be the greatest also at the same rpm, due to the directly

proportional relation between Pressure and Temperature seen in Equation 6 as well as heat soak.

PV = mRT

Equation 6: 1deal Gas Law
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Figure 4: 3D Graph of Pressure




To calculate the gas force, which is applied to the piston crown, the Equation 7 has been used.

Equation 7: Gas Force (McDonald, 2019-2020)
The results of which can be observed in Appendix 4.

The cylinder pressure is the only variable in Equation 7, as a result the graphs of Fy, and cylinder
pressure look the same. Due to this, as author expected, the highest gas forces of 46.691kN (4.760t)
and 46.863kN (4.787t) occur at 5,700rpm and 6,000rpm respectively. The rest of peak gas forces can
be observed in Appendix 1.

3.2 Modified Engine

Due to the established relation between the cylinder pressure and gas force in section 3.1, the gas

forces for the ML.E. have been directly calculated from the peak cylinder pressures from section 0.
As expected, the highest gas force occurred at 7,000rpm: 64.065kN (6.531t).

The rest of peak gas forces can be observed in Appendix 2.




4 TInertial Loads

To calculate the net inertial force Equation 8 has been used.

Fyp = Myge * Qrec,

Equation 8: Net Inertial Force (McDonald, 2019-2020)

Author has measured the reciprocating masses as in Figure 5; results can be observed in Appendix 1.

Figure 5: Picture of measuring piston mass

To calculate the acceleration of the reciprocating assembly in respect of time, Equation 9 has been

used.

2

_ass R
Arec. = 92 RcosV9 + ZRCOSZI9

Equation 9: Acceleration of Reciprocating Assembly (McDonald, 2019-2020)

Equation 9 can be further simplified into 1% and 2" order accelerations, the equations for which are

“ o»

separated by “+” in Equation 9. Naturally, to calculate the 1* and 2™ order inertial forces, the

corresponding acceleration must be multiplied by #2.prscaring. The results for which can be seen in




Figure 6. This graph shows that the 1% order inertial force occurs 2 times per engine cycle, whereas
the 2" order inertial forces occurs 4 times per cycle (once per stroke), however, with over 3 times
lower magnitude. The 2 order inertial force is the cause of the ‘flat’ portion of the Fiz at and around

BDC. It also causes the rate of change of Fyy as well as the magnitude at TDC to both increase.
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Figure 6: Production Engine Generated Inertial Forces @ 6,000rpm

Author has applied the same method to the M.E. Naturally, the F; of both engines has stayed the

same up until 6,000rpm, due to equal #2,.. and engine geometry, as Figure 7 shows.

Peak Net Inertial Force Comparison
25.000

20.000

15.000

Force (kN)

10.000
5.000

0.000
1000 2000 3000 4000 5000 6000 7000 8000 9000 10000

Modified Engine CalculatioBPM— production Engine Calculations

Figure 7: Peak Net Inertial Force Comparison

Due to the squared nature of inertia, as displayed in Figure 7, the 5y @ 5,000rpm and 10,000rpm are
5.065kN and 20.260kN, this means that the force quadruples when rpm doubles. Author expects this
to work in favour for the higher performance M.E. as the inertial forces counteract the increased

cylinder pressure, as the Appendix 5 shows.




5 Sidewall & Ring Friction

5.1 Method

Author has considered two sources of friction due to the reciprocating assembly:

e Piston Skirt

e Piston Ring

5.1.1 Piston Skirt Force
To calculate piston skirt force Equation 10 has been applied.

Fspire = (P;)as — Fyptang

Equation 10: Piston Skirt Force (McDonald, 2019-2020)

For MLE. the cyl. pressure and as a result the F,, author used the peak pressure for compressive
calculations. However, for tensile calculations author had to average the cylinder pressure of the Ford
1.6 GTDI in the tensile region. To estimate the pressure above 6,000rpm author has created Figure 8

and used the corresponding equation.
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Figure 8: Average Tensile Cylinder Pressure Graph
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Author has decided to consider the gauging pin offset to increase the accuracy of Equation 10, this

has been achieved with Equation 11.

R x
¢ =sin~?! (Z sind — Z)

Equation 11: Conrod Angle Considering Gauging Pin Offset (McDonald, 2019-2020)

The effect of gauging pin offset on the connecting rod angle can be observed in Appendix 6.

Author has measured, as in Figure 9, the gauging pin offset to be +0.5mm towards the exhaust side.

Figure 9: Picture of measuring gauging pin off-set

5.1.2 Piston Ring Force

To calculate piston ring force Equation 12 has been applied.
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Fragia1 = PmDh

Equation 12: Piston Ring Force (McDonald, 2019-2020)

However, D is the measurement when the piston ring makes full contact with the cylinder bore.
Therefore, author has measured the piston ring width and took 2 widths away from the cylinder bore
as author has assumed full contact. Author is aware that these dimensions will alter due to thermal
expansion and the minimisation of the ring gap, however, author believes that such matter is beyond

this investigation and accounting for such mechanism would yield a minuscule change.

5.1.3 Frictional Force

To calculate the friction force

Ff = U(Fskire + Fradiar)

Equation 13: Friction Force (McDonald, 2019-2020)

Author has assumed 4 to be 0.1, due to (Mohamed Kamal Ahmed Ali, 2017) and (Zhang, 2016).

However, Equation 13 does not have a sign convention relative to the direction of motion, which is
why author had to program in the sign convention so that friction always opposes the direction of

motion, this can be observed in Figure 10, note that the direction of Fy, is considered to be positive.
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Figure 10: Production Engine Friction Force
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The ‘humps’ on the intake and exhaust strokes in Figure 10 are caused by Equation 10; as Fi;
counteracts Fy, this flips the direction the Fi is applied, however, the direction of piston motion

stays the same, which is why the Fyis negative and positive on intake and exhaust strokes respectively.

5.2 Results
Friction Force: Engine Comparison
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Figure 11: Friction Force Engine Comparison

Figure 11 shows the compressive and tensile friction forces at the crank angle which corresponds to

peak compressive and tensile forces from section 0.

As author expected, the compressive frictional forces follow closely the peak pressure profile since
pressure is the major variable driving the Equation 13. The squared nature of F; cause the P.E.
compressive Fyto be relatively flat, as oppose to a steady incline as seen in Figure 1, Fiy also causes the

M.E. compressive Fyto start decreasing at lower rpm and at higher rate than the peak pressure profile

seen in Figure 1.

M.E. tensile Fhas relatively steady increase rate compared to other curves, this is due to the

estimated pressure (from section 5.1.1) and minuscule Fyz, both can be observed in Appendix 2.

Lastly, the reason for the relatively big dispersion of the P.E. tensile Fyis the equal dispersion of the

crank angle at which the peak tensile forces occur. Both of which can be observed in Appendix 1.
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5.3 Dyno Data Comparison
To find out the % of FMEP comprised of friction due to Fy and Frusia, author has decided to
calculate the FMEP of the Ford 1.61 GTDI. To calculate the FMEP due to Fyy and Fua, author has

used Equation 14.

360°

FMEPsyirt yradial = Z FrdS
—-360°

Equation 1 4:Friction Mean Eﬁ‘écz‘iw Pressure due to skirt and ring forfe

The component FdS has been plotted in Figure 12.
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Figure 12: Production Engine Work Done due to Skirt and Ring Friction

Author has made all values in Figure 12 of the same sign since the work done due to friction always

counteracts any energy driving the engine (e.g. friction can only take energy out of the system).

Author has then utilised Equation 2 with range altered to intake and exhaust strokes, to calculate
PMEP. This has then allowed the author to calculate NIMEP, from which the FMEP.irsragias has

been taken away to calculate the BMEP.
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After that author has used the real engine dyno power output (Ford Motor Company, n.d.) to
calculate the BMEP,., by rearranging Equation 4. Figure 13 shows the comparison between 3

different power and torque types.
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Figure 13: Engine Output Comparison

The Figure 13 suggests that FME Pyirr.rasiar is in the correct ballpark since the brake torque and real
torque between 3,000rpm and 4,000rpm are relatively similar. Above 4,000rpm the difference
increases at relatively steady state, this isn’t surprising since there are many more sources of friction
like valvetrain that haven’t been considered in brake torque. However, the lack of steady difference or
rate of difference between the brake and real torque suggests that either: calculation of FMEPyirs.radiar
is incorrect or the given pressure data has been recorded at development state when certain set up

parameters like boost were different. This is further emphasised by Figure 14.
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Production Engine: Difference of Skirt + Radial FMEP and
FMEP
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Figure 14: Production Engine Difference of Skirt + Radial FMIEP and FMEP

The real FMEP is negative between estimated 1,100rpm and 2,300rpm. This further suggests that
the given cyl. pressure data does not match the production engine. Furthermore, FME Pyirt.raziar 0OCCUTS

at more or less the middle of the FMEP, further proving the calculation validity.

Author believes that incorporation of other sources of friction like valvetrain or bearings, would cause
the rate of calculated FMEP to increase, possibly causing it to match the rate of real FMEP.
However, author believes this to be outside of the scope of this investigation as the method used to

calculate the Frhas been proven to be good enough.

All of these results can be found in Appendix 1.

—
| —
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6 Net Forces & Stresses

To calculate the net force acting on the connecting rod author used Equation 15, the results of which

can be seen in Figure 15.

Egas - FNI
cos @

Equation 15: Rod Force

P}Od = +‘F}

Production Engine: Net Conrod Force
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Figure 15: Production Engine Net Conrod Force

The sign in Figure 15 shows whether the connecting rod is under compressive or tensile force. As
such, the peak compressive F,, tends to occur at and around 25° ATDC, in fact the peaks occurred at
the same crank angle as the peak pressure, this allowed author to assume the same for the modified

engine. Whereas the peak tensile 7, always occurred at or very closely to TDC at the end of exhaust

stroke.

To calculate the peak compressive and tensile stresses author has divided the F,,; by minimal cross-
sectional area of the con-rod shank, which author measured. Author concluded that the measurement
accuracy was poor as it is impossible to find out where exactly the minimal area actually resides on the

shank in the first place. Furthermore, multiple measurements had to be taken, resulting in every
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dimension being not measured at the same point. Also, author didn’t have a reliable measurement
technique to utilise when measuring the shank fillets. However, author believes that the used method
was good enough given that results of further calculations won’t be affected in great extent by aerial

error of what author estimates is 2mm?.
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Figure 16: Peak Stresses

Figure 16 shows the results of the stress calculations. Author believes that the tensile stress profile is
caused by combination of comparably low pressures and high inertial forces, causing the familiar
squared like curve, previously seen in Figure 7, this is further supported by ML.E. profile matching that
of P.E.

As expected, the compressive stress is higher than tensile. However, author didn’t expect such high
magnitude difference, this causes the tensile stress to be almost minuscule (at typical production car
engine speeds) compared to the compressive stress. However, author is aware of the fact that materials
behave differently under compression and stretch. Therefore, what seems like minuscule stress could
be significant enough to causes excess fatigue, especially since tensile stress increases the total

deformation range.

Naturally, the significance of tensile stress rises with engine speed, at 10,000rpm tensile and
compressive stresses of the M.E. almost match. Therefore, even though the peak stresses are relatively

low, the deformation range is equal to that happening at 3,500rpm.

18

—
| —



Interestingly and unexpectedly, the stress range profiles match their peak pressure counterparts almost

perfectly. This has been portrayed in Figure 17.
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Figure 17: Peak Pressure against Stress Range

Naturally, the stress is affected by the minimal cross-sectional area, however, this can be mitigated by
converting the stress range in Figure 17 into force range, due to constant area in both cases, the

correlation will stay the same. This is what author has done in Figure 18.

Empirical Approach: Peak Pressure to Force Range
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Figure 18: Empirical Approach Peak Pressure to Force Range

This method allows estimation of conrod total deformation through the cycle by just knowing the
peak pressure. Naturally another driving factor is my.., however, author believes that creation of

accurate empirical equations is beyond the scope of this investigation.
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7 Nominal Safety Factor

Safety factor is a ratio between material strength (typically UTS or YS) and the applied stress. Author
has assumed that the material used in the connecting-rod is the typical powder forged steel: P/F-
10C50. The utilised material specifications can be observed in Appendix 7, for which, all information

was gathered from (Edmond Ilia, 2002) and (Vikrant Garud, 2014).

Safety Factors
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Figure 19: Nominal Safety Factors for P/F-10C50

Figure 19 shows the calculated results. It was previously established in section 6 that tensile stress is
much lower that compressive stress. Therefore, as author expected, the tensile safety factors tend to be
abnormally high, resulting in them not even fitting on the safety factor scale of 10, in Figure 19, until

7,000rpm is reached. This further supports the hypothesis from section 6.

Figure 19 also shows that the lowest UTS and YS safety factors are 3.0 and 2.0 respectively. This
turther improved the author’s confidence in the accuracy of calculations, since author found those

safety factors to be common in researched literature.

Naturally, due to higher peak cylinder pressure of the M.E. both safety factors fall short of their P.E.
counterparts. The minimal UTS and YS nominal safety factors under compressive stress are 2.2 and
1.5 respectively, that is equal to safety factor reduction of 26.7% and 25.0%. However, despite the

reduction of safety, author believes that due to the hypothetical use of the M.E. in motorsport, the
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same connecting-rods could most likely be utilised, as long as frequent engine rebuilds would be

carried out to mitigate the risk of con-rod failure.

To increase the minimal safety factors back to that of the production engine, as shown in Figure 20,

the minimal cross-sectional area had to be increased by 36.1% to 196.45mm?.

Safety Factors - 196.45mm?
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Figure 20: Safety Factors - 196.45mm’

Interestingly, the minimal compressive safety factor of the M.E. all occurs 1,000rpm before the peak
cylinder pressure of 130Bar @ 7,000rpm. This is due to very similar gas and frictional forces, but
higher inertial forces at 7,000rpm.
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8 Con-rod Deformation

If the connecting-rod shad is considered to be a spring, then the Hook’s law for linear springs can be

incorporated and made the subject of the Young’s Modulus, as seen in Equation 16: Shank Stiffness .

EA

Lshank

Kshank =

Equation 16: Shank Stiffness (McDonald, 2019-2020)

Author is only considering the con-rod shank, as to calculate the total linear deformation of a
connecting-rod, one would have to also consider the deformation of the big and small ends, author

believes this to be beyond the scope of this investigation.

Shank Linear Deformation - 196.45mm?
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Figure 21: Shank Linear Deformation - 196.45mm’
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Figure 21 shows the results of the Equation 16 utilisation. Due to the matching compressive safety
factors, the shank compression never exceeded 0.163mm in both cases. However, due to bigger
minimal cross-sectional area and relatively similar tensile forces, the shank stretch was decreased by

0.007mm or 28.0%. However, due to much higher redline, the peak shank stretch was 0.056mm.

Most importantly, Figure 21 suggests that due to total deformation, most shank fatigue would occur
at the same rpm as the maximum peak cylinder pressure, which is 6,000rpm and 7,000rpm for P.E.
and MLE. respectively, just as Figure 1 showed. Author believes this to be important as this
knowledge allows con-rod design to focused at just one rpm and peak cylinder pressure, as oppose to

the entire rpm range.
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9 Con-rod Deformation Utilizing Titanium

Modified Engine Shank Deformation: Titanium vs Powder
Forged Steel
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Figure 22: Modified Engine Shank Deformation Titanium vs Forged Steel

Figure 22 shows the shank deformation comparison between titanium and powder forged steel. Due
to 35.3% reduction of Young’s modulus, the titanium shank deforms 54.8% more at peak total
deformation, than its steel counterpart. This increases the fatigue by a big factor, which in turn, could

cause a catastrophic con-rod failure.

This could cause major problems, as at 10,000rpm, titanium shank stretches 0.03mm more, this could
cause contact between the piston crown and valves. However, 0.03mm is a relatively small increase,

especially when typical piston crown to valve clearance @ 12° BTDC are considered.

24

—
| S—



Nonetheless, to mitigate this issue, the already enlarged minimal cross-sectional area would have to be
increased yet again by another 54.5% to 303.69mm?, that is equal to a total aerial increase of 110.4%.

As a result, the minimal compressive UTS and YS safety factors increased to 5.3 and 4.6 respectively,

as shown in Figure 23.
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Figure 23: Safety Factors - 303.6 9mm’
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10 Conclusion

Author believes that the investigation was a success since the utilised methods returned results which

were both ‘reasonable’ and supported by the researched literature.

However, author believes that several issues occurred throughout the investigation which require

further work:

e Throughout the investigation the .. has been kept constant, this naturally would not be the
case if certain changes were carried out to the engine, especially those seen in sections 2, 6, 7,
8 and 9.

o The mass of the connecting-rod hasn’t been considered, this was done mainly due to
the additional complication since a con-rod is rotating and reciprocating at the same
time. However, con-rod’s own inertia would also act on itself, causing the Fx; to be
higher.

e The accurate measurement of minimal cross-sectional area has proven to be a challenge, to
improve this author suggests utilising a 3D scanning technique such as CT Scan.

e Author also didn’t consider how stresses would spread through the con-rod, especially around
the big and small ends, as that would have to be considered to compute the total linear
deformation of a con-rod.

e Further research would have to be carried out on material performance under compression

and tensile forces.

Author believes that most of these issues can be mitigated by the utilisation of computational FEA

package such as SolidWorks Simulation or Ansys.
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12 Appendix
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Appendix 2: Modified Engine Calculations Table




Production Engine: Work Done Graph
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Appendix 3: Production Engine Work Done Graph

Production Engine: Gas Forces Graph
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Appendix 4: Production Engine Gas Forces Graph
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Production Engine Force Comparison @ 6,000rpm
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Appendix 5: Production Engine Force Comparison @ 6,000rpm

Connecting Rod +10mm Offest Comparison
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Appendix 6: Connecting Rod +10mm Offset Comparison
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Appendix 7: Material Specification
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Appendix 8: Empirical Peak Pressure to Force Equation Table

Production Engine: Piston Acceleration
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Appendix 9: Production Engine Piston Acceleration
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