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Abstract 

This paper will begin by showing the processes involved in developing engine friction models. 

These models will then be used to analyse the effects of crankshaft offset on engine friction. 

A suitable engine will then be modified to incorporate the optimum offset calculated from the 

models. To advance on this a detailed literature review will be carried out into the coefficient 

of friction and how it changes in respect to speed and load in the hope that an accurate value 

for the coefficient of friction of certain components can be found and applied to the models. 
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Introduction 

In today’s world the internal combustion engine is becoming subject to much controversy due 

to the increasing awareness of global warming. Limits are being set every couple of years on 

the amount of emissions a vehicle can generate with many manufacturers looking for new 

ways of powering their vehicles. This is leading to the demise of the internal combustion 

engine with its extinction becoming more and more imminent each year. The reason for this 

is not only due to its emissions but also its low efficiency. All internal combustion engines are 

incredibly inefficient at turning fuel into usable energy. The efficiency by which they do so is 

measured in terms of thermal efficiency with most petrol combustion engines averaging 

around 20%. Diesels are typically higher with some approaching 40%. For engine efficiency 

improvement, various approaches include improvements in advanced combustion systems, 

component system design and handling i.e.  down-sizing, boosting, and electrification, as well 

as waste heat recovery systems etc. Among these approaches, engine friction reduction is a 

key and relatively low cost approach, which has been receiving significant attention from 

tribologists and lubrication engineers alike.  

The friction in an engine means not all the work transferred to the piston from the gases 

contained inside the cylinder is available at the wheels. This proportion of the work transferred 

that is not available to power the vehicle is named the friction work. It is created in a variety of 

ways within the engine and within the engine’s auxiliary components. John B Haywood, 

Internal combustion engine fundamentals states that the friction work is a sufficiently large 

fraction of the engine’s indicated work and varies between 10% at full load and 100% at no 

load or idle. Not only does the friction generate wear within the engine but also affects the 

maximum brake torque and minimum brake specific fuel consumption. John B Haywood also 

states that often the difference between a good engine and an average engine is the difference 

in its frictional losses. The frictional work is generated in several ways including the pumping 

work, overcoming resistance to motion of all the engine’s moving parts, and the power required 

to drive the engine accessories. As a means of reducing this friction the aim of this report is to 

analyse the benefits of a crankshaft offset and determine the optimum amount of offset for a 

chosen engine.  

To begin the report the friction of several engines will be examined with detailed friction model 

spreadsheets built initially for the piston skirt. A study will then be conducted into the friction 

coefficient of engines and how it may change with respect to speed and load. Methods of 

incorporating this change into the models will then be researched and assessed. Following 

this the total friction of an engine will be calculated through its torque data which will then be 

compared with friction models built for each component individually. The amount of error in 
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the original value used for the coefficient of friction will then become obvious. The coefficient 

of friction in the models will then be altered until the total matches that of the calculated total 

engine friction and measured values stated by trusted sources. The models will then be altered 

to allow for a crankshaft offset. This will then be analysed and discussed until an optimum 

offset is found. The offset will then be incorporated into a current engine through the use of a 

Solidworks model. This will allow understanding of the complications involved when re 

designing the relevant components. 

‘This thesis is the result of the author’s original research. It has been composed by the author and has 

not been previously submitted for examination which has lead to the award of a degree.’  

Signed:           Date: 

Chapter 1:  

Piston Friction model 

The piston assembly is the main source of rubbing friction 

in an engine. The components that contribute to this friction 

are the piston rings, piston skirt and piston pin. The forces 

that act on these components come from the gas forces 

within the combustion chamber which depend on the 

engine load, and the inertia forces that depend on engine 

speed and mass. The piston-assembly contributes to 

about half of the total friction. The remainder of the friction 

comes from the crankshaft, connecting rod, camshaft 

bearings, valvetrain, other oscillating parts and axillary 

components.  

To begin, the piston skirt friction will be calculated with this section detailing the steps taken 

to produce a friction model. Creating these friction models will give understanding of the 

amount of friction generated, and how it differs depending on the amount of load and the type 

of engine i.e. N/A, Turbo, 3 cylinder. 

Using acquired data for the cylinder pressures of a Ford 1.6 Sigma, 1.6 Ecoboost and 1.0 litre 

Fox the bore area of each engine was then measured. From this the gas force at each crank 

angle is calculated from Fgas = cyl. Pressure x bore area. Following this, the inertia at each 

crank angle is calculated. For this several measurements had to be taken from the engine, 

including the mass in kilograms of the piston, rings and gurdgeon pin; the crank throw (equal 
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to half the stroke) and the length of the conrod. The angular velocity is also required and is 

calculated from: 

𝜔𝜔 = 2𝜋𝜋 𝑅𝑅𝑅𝑅𝑅𝑅
60

    (Bosch automotive Handbook pg. 421) 

The Rpm’s used are included in the appendices along with the individual angular velocity 

values. 

Using the following equation the inertia on the rod at each crank angle (in radians) is 

calculated.  

 

 

 

 

Fnet or the maximum net downforce is then 

found from Fgas – Finertia. 

Now the angle of the conrod needs to be 

calculated ‘∅’. Figure 1.0.1. illustrates how 

this is done. 
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DC is adjacent of the right-angled triangle DAC 

CB is adjacent of right angled triangle ABC. 

Therefore, looking at triangle ABC: 

AC = 𝐿𝐿. 𝑆𝑆𝑆𝑆𝑆𝑆∅ and then triangle DAC: 

AC = 𝑅𝑅. 𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆 

L.Sin∅ = 𝑅𝑅. 𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆 

Sin∅ =  𝑅𝑅
𝐿𝐿

. 𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆 

 ∅ =  𝑆𝑆𝑆𝑆𝑆𝑆−1(𝑅𝑅
𝐿𝐿

. 𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆) 

Rod reaction is along the length of the rod only because the end bearings are slippery. The 

side force acting on the piston skirt is a result of the rod angle. 

Resolving vertically – Fnet = Frod.Cos∅   -    1 

Resolving horizontally-Fside = Frod.Sin∅     -    2 

Diving equation 2 by equation 1 gives: 

𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹
𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹

=
𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹. 𝑆𝑆𝑆𝑆𝑆𝑆∅
𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹.𝐶𝐶𝐶𝐶𝐶𝐶∅

 

Frod cancels so we are left with: 

𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹
𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹

=  
𝑆𝑆𝑆𝑆𝑆𝑆∅
𝐶𝐶𝐶𝐶𝐶𝐶∅

= 𝑇𝑇𝑇𝑇𝑇𝑇∅ 

So Fside = Fnet.Tan∅    and     Frod = 𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹
𝐶𝐶𝐶𝐶𝐶𝐶∅

 

The friction force is then at right angles to the side force so Ffriction = 𝜇𝜇 𝑥𝑥 𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹  

Initially 𝜇𝜇 will be given a value of 0.1. This will then be subject to further investigation in Chapter 

2. The work done per degree due to friction can then be calculated seeing as work done is 

equal to a force multiplied by a distance. 

The distance ‘S’ or piston travel is found using the triangles in figure 1.0.2. 
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S = R+L – (DB) 

S = R + L – (DC + CB) 

S = R + L – (RCos𝜃𝜃 + LCos∅) 

Now that this distance is known the work done can be calculated. 

Finding the sum of these values across 720 degrees of crank rotation can then be used to find 

the FMEP of the piston skirt by dividing the sum of the work done by the engine displacement 

in cubic metres and then multiplying by the number of cylinders, however the values for work 

done may yield negative results. In this case the values must be squared and then square 

rooted to obtain the value as a positive number.  

�𝑊𝑊.𝐷𝐷.2 

For the 1.6 Ecoboost and sigma the engine displacement is equal to 0.0016m^2 and the Fox 

0.001m^2. Multiplying by the number of cylinders then gives the total piston friction. Dividing 

the calculated value for FMEP by 105 converts it to Bar. 
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Figure 1.0.3. shows the skirt FMEP for all three engines. It is clear that the turbocharged 

engines generate a greater skirt friction due to the higher cylinder pressures. The 1.0 litre Fox 

has greater maximum cylinder pressures and lower inertia due to the lower piston mass than 

the 1.6 Ecoboost giving it the highest friction mean effective pressure. The 1.0 litre Fox also 

uses a crank offset of 8mm which reduces the FMEP. Without this skirt friction would be even 

greater. (figure 1.0.4) 
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1.1. Indicated mean effective pressure (IMEP) 

This is the work delivered to the piston over the entire four strokes of the cycle per unit 

displaced volume and is equal to the entire engine friction mean effective pressure subtracted 

from the engine brake mean effective pressure. From the pressure data the cylinder volume 

in cubic centimetres at each crank angle is also given. Converting these values to cubic metres 

the work done on the piston per degree can be calculated. 

Work done on the piston = 𝐶𝐶ℎ𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎 𝑖𝑖𝑖𝑖 𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝 (𝑃𝑃𝑃𝑃𝑃𝑃) 𝑥𝑥 𝐶𝐶ℎ𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎 𝑖𝑖𝑖𝑖 𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 (𝑚𝑚2) 

Obtaining the sum of these values allows the IMEP to be calculated just like the FMEP. This 

time values are not corrected to become positive. (note that by calculating the IMEP in this 

manner the pumping work friction is taken into account and effectively reduces the IMEP) 

figure 1.1.2. shows the Piston skirt FMEP as a proportion of the IMEP for the 1.6 Ecoboost 

engine. 
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Chapter 2:  

Coefficient of friction 

During the process of building a piston skirt 

friction model a value had to be chosen to 

represent the coefficient of friction. In the 

model a single value is used throughout the 

piston speed and engine speed range, 

however the following literature review 

explains how in reality this would not be the 

case.  

The main problem in understanding lubricated friction between surfaces in engines is the wide 

variation in the magnitude of the forces and 

velocities involved. This leads to various regimes 

of lubrication. Figure 2.0.1. shows how as piston 

velocity increases the coefficient of friction 

reduces (Phil Carden, Calculation of Friction in 

High Performance Engines, 2010) 

 Advances in Powertrain Tribology, SAE 

2.1. Boundary lubrication 

This type of lubrication is close to solid friction where the lubrication film is only a few molecular 

layers thick and cannot prevent metal to metal contact. Under this type of lubrication, the 

friction between two surfaces in relative motion is determined by not only the lubricant 

properties but also the surface properties of the materials: these being the roughness, 

hardness, plasticity, elasticity, shearing strength, thermal conductivity and wettability. The 

lubricant properties are surface ones or chemical ones which dictate the ability of the lubricant 

molecules to attach themselves to the solid surfaces. Figure 2.1.1. from (John B. Haywood, 

Internal Combustion Engine Fundamentals, Pg. 717) shows two surfaces under boundary 

lubrication and how the real contact area is much less than the apparent area of contact. John 

B. Haywood also states that under boundary lubrication conditions the coefficient of friction is 

independent of speed and occurs between engine parts such as bearings, pistons and rings, 

and during normal running at the piston ring/ cylinder interface at top and bottom dead centre 

crank positions where the piston speeds diminish to zero. It can also occur between heavily 

loaded parts.  
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2.2. Hydrodynamic lubrication 

This type of lubrication occurs when the shape and relative motion of the sliding surfaces form 

a film in which there is sufficient pressure to keep the surfaces separated. Unlike boundary 

lubrication, resistance to motion occurs from the shear forces within the film. Hydrodynamic 

lubrication is independent of the material or roughness of the parts with the viscosity of the 

lubricant being the only lubricant property involved. This type of lubrication is formed between 

two converging surfaces moving at relatively high speed in relation to each other and 

withstanding a limited load. Hydrodynamic lubrication occurs between engine bearings, piston 

skirts, cylinder liners and piston rings. (John B. Haywood, Internal Combustion Engine 

Fundamentals, Pg. 717) 

Some of the components of hydrodynamic friction will be dependent on mean piston speed 

rather than rotational speed. For conventional geometries, a crankshaft’s rotational speed is 

usually used to scale the total friction data rather than mean piston speed although more 

detailed models must include both. (SAE International, Advances in Powertrain Tribology, 2000) 

Hydro elastic and elasto-hydrodynamic are other forms of hydrodynamic lubrication. Hydro 

elastic occurs when a fluid is pressurized between two surfaces to create a film and so does 

not require the two surfaces to be in relative motion to one another. Elasto-hydrodynamic 

lubrication occurs between two surfaces that are in rolling contact such as gears or rolling 

bearings. 

2.3. Mixed Lubrication 

This occurs when the hydrodynamic lubrication breaks down due to the film becoming about 

the same thickness as the height of the surface asperities. To the hydrodynamic friction is then 

added metal to metal solid friction at the peaks of the asperities and so in a sense both 

hydrodynamic and boundary lubrication co-exist. The roughness of the surface controls this 

transition with rougher surfaces making this transition at lower speeds. Sudden variations in 

load and speed may also cause it to occur. (Advances in Tribology, SAE International, 2000) 

states that Mixed lubrication is commonly found at the beginning and end of the stroke (first 

and last 30 degrees). 

While cylinder friction varies with speed and load, results show that is represents only 20-30% 

of overall engine friction. This is contrary to literature findings which suggest cylinder friction 

is responsible for 60-75% of overall engine friction. (SAE International, Advances in Powertrain 

Tribology, 2000, Pg. 7) 
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2.4. Literature review of Stribeck curve and Duty Parameter 

It seems a common method of illustrating these different regimes of friction is through a 

Stribeck diagram (fig 2.4.1.), whereby for a journal bearing the coefficient of friction is plotted 

against a dimensionless duty parameter equal to the viscosity x shaft speed / loading force 

per unit area. Initially it was thought that this could be applied to the piston skirt in order to 

obtain a varying coefficient of friction for the friction model. However, it seems while all papers 

and books use the same Stribeck curve, none of them give details on how to mathematically 

relate it to one’s own work and when the duty parameter is created within the model, values 

do not correspond with what would be expected. The next section discusses relevant papers 

and books on the matter and also demonstrates why the duty parameter does not correspond 

with what is expected. 

• Phil Carden, Calculation of Friction in High Performance Engines, Ricardo UK, 2010  

Initially this article seemed ideally suited to the subject with a Stribeck curve showing duty 

parameter against coefficient of friction for a motored reciprocating test figure 2.4.1. Data for 

the duty parameter was already known so it was calculated for each crankshaft degree thus 

giving a value for the friction coefficient at each crankshaft degree. However once completed 

a duty parameter no larger than 1 was achieved. The calculation below shows how at relatively 

average piston speeds and loads the duty parameter calculates to be excessively low. 

Dynamic viscosity = 0.011619 Pas.s 

Velocity = 8 m/s 

Load = 2000 N 

Unit length = skirt length = 40mm 

Duty parameter = 0.011619 x 8 / (2000/0.04) = 

1.859 x10^-6 

Initially it was taken as a possibility that when an 

engine is under fired conditions with large side forces, that the piston may never leave 

boundary lubrication. Further Analysis of the equation shows that perhaps under some part 

load condition where the side force becomes very low due to the gas and inertia forces 

cancelling, the duty parameter may yield a value comparable to those illustrated in the graphs. 

However, this would mean that hydrodynamic lubrication is only reached at this point, which 

is unlikely as there would be excessive wear at all the other operating conditions.  
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Further research into the matter led to the author of the paper being contacted (Phil Carden 

at Ricardo) with a query about whether he had considered the possibility of the skirt never 

leaving boundary lubrication, and a request for confirmation of the units used in the duty 

parameter equation - although the units used were already confirmed from other sources.  

The reply from Ricardo is shown below.   

“Abraham 

 The Stribeck curve I presented in that paper was for illustration only and should not be applied 

to any particular case. The x-axis was actually intended to relate to specific film thickness so 

the numbers are non-dimensional.” 

 

After this reply, additional sources of information were analysed for a solution to the problem. 

The sources and conclusions of each are listed below. 

• Yeow-Chong Tan & Zaidi Mohd Ripin, Technique to Determine Instantaneous Piston 

Skirt Friction During Piston Slap, Tribology international, 2014,  

Computes piston skirt friction force using a motored test whereby the force excitation was 

measured using a force transducer of an impact hammer and the response measured using 

an accelerometer. Shows how friction force changes with crank angle but gives no analytical 

method of relating it to the coefficient of friction. 

• Bruker Nano Surfaces Division, Steve Shaffer, Generating a Stribeck curve in a 

reciprocating test. 

Describes the type of test rig required to generate 

a Stribeck curve for reciprocating motion. 

Illustrates the same Stribeck curve as other papers 

but does not put values against the duty parameter 

figure 2.4.2. 
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• Tejaskumar Chaudhari & Bharatkumar Sutaria, Investigation of Friction Characteristics 

in Segmented Piston Ring Liner Assembly of ICE, Sciencedirect, 2016. 

Describes an experimental test procedure for measuring reciprocating friction but gives no 

way of analytically relating piston speed and load to the coefficient of friction. 

• Dinu Taraza and Naeim Henein, Friction Losses in Multi Cylinder Diesel Engines, 

2017, SAE International. 

Again, illustrates the same Stribeck curve but gives no values for duty parameter. Later states 

that the coefficient of friction varies linearly with the square root of the duty parameter. 

However, once the duty parameter is calculated and square rooted, values much higher than 

that given by the graph are produced. This can only mean that the graph must have also been 

created under motored conditions and thus shows no correspondence. 

• Richard Stanley, Dinu Taraza & Naeim Henein, A simplified Friction Model of the 

Piston Ring Assembly. 

Uses the same Stribeck curve with no values put to it. States that the log of the friction 

coefficient increases linearly with the log of the duty parameter. Once again must have been 

produced under motored conditions as values do not match. 

• L. L. Ting, Ford motor Company, Development of a Reciprocating Test Rig, 2017 

Explains the operation and function of a reciprocating test rig which generates data for friction 

loss computations. Shows the same Stribeck curve but again does not provide a means of 

calculating the friction coefficient through analytical methods. 

• Richard C. Rosenberg, General Friction Considerations for Engine Design, General 

Motors Research Laboratories 

Describes the different kinds of friction and uses the Stribeck curve to illustrate this. Provides 

a means of calculating the coefficient of friction but only for a bearing which cannot be applied 

to reciprocating motion.  
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• John B haywood, Internal Combustion Engine Fundamentals, 1998. 

Once again shows the Stribeck curve depicting where 

the different regimes of friction occur. States that the 

“coefficient of friction for a journal bearing is plotted 

against a dimensionless duty parameter (𝜇𝜇𝜇𝜇/𝜎𝜎) and 

that for sliding surfaces the dimensionless duty 

parameter becomes ′ 𝜇𝜇𝜇𝜇
𝜎𝜎𝑏𝑏

’. Where ‘U’ is the relative 

velocity of the two surfaces and ‘b’ is the width of the 

sliding pad in the direction of motion.” This 

corresponds with Phil Carden’s paper but once again 

does not go any further into the matter with no 

comparison of duty parameter results to the coefficient 

of friction value.  

Another possible method of relating the coefficient of friction comes from the fact that the 

coefficient of friction for the engine’s crank bearing can be calculated from: 𝜋𝜋
2𝐷𝐷𝑏𝑏
ℎ

𝑥𝑥 𝜇𝜇𝜇𝜇
𝜎𝜎

 with ‘Db’ 

being the bearing diameter, ‘h’ the mean radial clearance, ‘μ’ the dynamic viscosity, ‘N’ the 

rotational speed and ‘σ’ the loading per unit projected area equal to 𝑊𝑊/(𝐿𝐿𝑏𝑏𝐷𝐷𝑏𝑏). Calculating 

this and then calculating the duty parameter allows comparison with the piston skirt duty 

parameter. Knowing that bearings operate hydrodynamically, the coefficient of friction should 

be around the same number as the bearings. Calculation for the coefficient of friction of the 

bearing ranges from 0.009 at 1000 rpm to 0.03 at 6000 rpm with duty parameter ranging from 

7.48963E-07 to 2.99E-06 respectively. The piston skirt duty parameter gives values ranging 

from 0.000106413 at 1000 rpm and 0.000280731 at 6000 rpm, meaning a difference in duty 

parameter at 1000 rpm of 1.056x10^-4. Comparing this to the difference in bearing duty 

parameter from 1000 to 6000 rpm of 2.24x10^-6 which gives a 0.021 increase in the coefficient 

of friction means this proportion of increase occurs 46 times to reach the duty parameter of 

the piston skirt. Perhaps this is down to the shape of the Stribeck curve which is not linear. 

However such a large difference in duty parameter means the only conclusion can once again 

be that the duty parameter cannot be related to the piston skirt and that currently there is no 

mathematical method to calculate its coefficient of friction.  
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Other papers and books that have been examined and mention the Stribeck curve but again do not 

give a mathematical method for calculating the coefficient of friction include: 

• Bosch Automotive Handbook, 9th edition, 2014 

• Bosch Automotive Handbook, 8th Edition, 2012 

• SAE International, Advances in Powertrain Tribology, 2000 

• F.T. Barwell, Bearing Systems: Principles and practice, 1979 

• Colin R. Furguson & Allan T. Kirkpatrick, Internal Combustion Engines, 2nd edition, 2001 

• J Halling, Principles of Tribology, 1978 

• James j. O’Connor, Standard handbook of lubrication engineering, 1985 

So as there is currently no way of calculating the coefficient of friction for a reciprocating 

motion from load and velocity data without the use of a reciprocating test rig means a more 

approximate approach is needed. From the work carried out on friction mean effective 

pressure and the standard value of 0.1 used for the coefficient of friction it seems the only 

way to validate this value is to calculate entire engine friction and then calculate friction 

produced by individual components. Adding the friction up for the individual components 

and comparing to the entire engine friction will show how far off a coefficient of friction of 

0.1 is from real life. The coefficient of friction can then be varied for individual components 

until the sum of the FMEP matches that calculated for the entire engine.  

 

Chapter 3: Calculation of Entire engine friction 

3.1. Calculation Of Total FMEP from Torque data 

To calculate entire engine friction, data from Ford’s 1.6 Ecoboost engine will be used which 

includes torque values at different rpms. By creating another spreadsheet for the 1.6 Ecoboost 

engine with the torque at each rpm included allows the BMEP to be calculated through:  

Work done in 2 revolutions = torque x 4π = BMEP x Engine Displacement 

𝐵𝐵𝐵𝐵𝐵𝐵𝐵𝐵 = 𝑇𝑇𝑇𝑇𝑇𝑇𝑇𝑇𝑇𝑇𝑇𝑇 𝑥𝑥 (
4 𝑥𝑥 𝜋𝜋

𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸 𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑 
) 

In this case the engine displacement is equal to 0.0016 m^3. 
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The aim is to calculate the IMEP and subtract the BMEP. This will yield the total FMEP. To 

calculate IMEP we need the sum of the work done per degree on the piston. To calculate the 

work done at each crank angle:  

𝑤𝑤𝑤𝑤𝑤𝑤𝑤𝑤 𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑 = 𝐴𝐴𝐴𝐴𝐴𝐴𝐴𝐴𝐴𝐴𝐴𝐴𝐴𝐴 𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝 (𝑝𝑝𝑝𝑝𝑝𝑝) 𝑥𝑥 𝑐𝑐ℎ𝑛𝑛𝑛𝑛𝑛𝑛𝑛𝑛 𝑖𝑖𝑖𝑖 𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 (𝑚𝑚3) 

Cylinder volume data was not provided with the pressure data. For this reason the Cylinder 

volume per degree had to be calculated differently to previous. Knowing the engine has a 

compression ratio of 10 the volume at TDC can be found. 

𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉
𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉

= 10 

Volume per cylinder = 400 cc 

𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉 = 𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉 + 400 

𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉 + 400
𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉

= 10 

𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉 + 400 = 10 𝑥𝑥 𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉 

400 = (10 − 1) 𝑥𝑥 𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉  

400 = 9 𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉 

 400
9

= 𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉 

 𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉 = 44.444 𝑐𝑐𝑐𝑐 

Then using the area of the bore and the piston distance moved (S) the change in volume per 

degree can be added to the volume at TDC. 

𝑉𝑉𝑉𝑉𝑉𝑉 = 44.44 + 𝑆𝑆 𝑥𝑥 𝐵𝐵𝐵𝐵𝐵𝐵𝐵𝐵 𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎 
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These values then need to be converted to cubic metres and inserted into the work done 

equation. Calculated total FMEP at 0m offset is shown below. (Figure 3.1.1.) 

The aim now is to calculate complete engine friction and see how the values correspond with 

the total FMEP calculated. It will then be possible to vary the coefficient of friction so that the 

values match. The FMEP of the piston skirt is already known. A value of 0.1 for the coefficient 

of friction will be used initially. 

The spike created at 2500 rpm in figure 3.1.1. is due to a sudden increase in cylinder pressure. 

This can only be put down to irregularities in the engine’s spark timing or inaccuracies in the 

practical test and cannot be compensated for in the model. For this reason, the sum of the 

individual components’ friction will be matched with a line of best fit.  

3.2. Ring Friction 

The piston rings are used to control the lubrication between the liner and the piston lands and 

skirt. Most engines use three piston rings named the compression rings and oil control ring. 

The tension in the piston rings holds them out against the cylinder liner and hence generates 

friction. The gas pressure from the cylinder acts behind the rings and increases their radial 

force. These pressures are controlled by the engine speed and load. 

(John B. Haywood book, Internal Combustion Engine Fundamentals, pg. 729) 

The friction mean effective pressure is found from first calculating the radial ring force which 

is equal to the cylinder pressure in Psi multiplied by the ring area. 

Fradial = Pressure x Area 

The ring area is found from multiplying the inner diameter by Pi to obtain the circumference 

and then multiplying this by the ring thickness. Units are in cubic metres. 
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The ring friction force is then found from: 

= 𝜇𝜇 𝑥𝑥 𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹 

To find the work done due to friction of the ring the friction force is again multiplied by the 

piston distance travelled. 

W.D. = 𝑟𝑟𝑟𝑟𝑟𝑟𝑟𝑟 𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓 𝑥𝑥 𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃 𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑 𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚 

Obtaining the sum of these values after the values have been changed to positive allows the 

top ring FMEP to be calculated. 

This method is only viable for the top ring so the second ring and oil control ring friction must 

be calculated through practical testing. Difficulty arises due to the ring being subjected to 

different kinds of loads that change over time, such as: gas pressure loads; inertia loads due 

to piston acceleration and deceleration; friction loads due to ring contact with the cylinder liner; 

hydrodynamic forces and oil damping forces; forces due to asperities contact; tangential forces 

due to the pretension of the ring; contact forces between the piston ring and the piston and 

the elastic distortion of the piston and liner which alters the effective geometry of the ring face 

and cylinder liner contact. This then causes a non-uniform distribution of the contact pressure 

between the cylinder liner and the piston ring face.  It is because of these many factors that 

the required equipment to carry out such a test could not be obtained at the time of writing. 

(Jozef Dlugos, Brno University of technology, Computational modelling of piston ring 

dynamics, 2014) 

To cater for this a data set from Ricardo on the friction of a 2.0 litre TFSI engine is used to 

give an approximate value of total ring friction. Reading from figure 3.2.1. at full load a value 

of approximately 0.3 bar is given for the total friction produced by the first, second and oil 

control ring throughout the engine operating speed. 
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3.3 Valve Friction 

The valve train of an engine carries high loads 

over the entire engine speed range. Loads acting 

on the valvetrain at low engine speed are primarily 

due to the spring force while at high engine 

speeds the inertia of the components dominates. 

The total valve train friction is created by the 

valve-tappet contact and the camshaft bearings. 

In this chapter, the valve to tapped friction will be 

calculated. 

Firstly, the valve lift is required to calculate the 

contact force of the cam on the tappet. The valve 

lift has been measured using a degree wheel and 

DTI gauge. The cam is rotated a degree at a time 

and the lift read off the DTI gauge (figure 3.3.1.).  
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The valve lift has also been calculated from the cam profile as this 

was known from a previous study. A comparison can then be made 

on the accuracy of results. To calculate the valve lift from the cam 

profile the base radius and tappet clearance are required. For the 

1.6 Ecoboost this is 15.05 and 0.3mm respectively. Adding the lift 

at each degree to the base radius gives a value ‘S’ which is the 

distance from the midpoint of the cam to a certain lift on the lobe. 

Starting with the cam facing upwards at full lift the cam angle is set 

to zero figure 3.3.2. A value ‘OB’ is then calculated for each degree 

from vertical though the equation: 

 OB = S x Cos(180-(θ+φ) 

With θ being the cam angle from vertical and φ being the 

angle from full lift. All angles are converted to radians 

prior to use. 

Repeating this gives 360 values of OB for 360 degrees 

of cam rotation. Finding the maximum value for each 

column and then finding the first value of OB that equals 

the base radius and the tappet clearance is the contact 

point. OB then continues to rise until full lift is reached 

and then decreases. The point at which the base radius 

and tappet clearance is reached again is the closing 

point.  

Figure 3.3.3. shows the measured and 

calculated valve lifts. To reduce noise the lift 

has been averaged i.e. 𝐿𝐿1 + 𝐿𝐿2 + 𝐿𝐿3/3. 

Now that the valve lift is known the contact 

force can be calculated through: 

Fc = Moving valve mass x valve acceleration 

The moving valve mass includes the valve, 

retainer, collects, tappet and half the spring 

mass.  
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To calculate the valve acceleration the velocity in mm per degree for each degree of cam 

rotation is required. This is found by subtracting 𝐿𝐿1 𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓 𝐿𝐿2 𝑎𝑎𝑎𝑎𝑎𝑎 𝐿𝐿2 𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓 𝐿𝐿3 and so on. 

Subtracting 𝑉𝑉1 from 𝑉𝑉2 etc then gives the acceleration in mm per degree per degree. Dividing 

by 1000 and then Multiplying this by (6.𝑅𝑅𝑅𝑅𝑅𝑅2) converts it to metres per second squared. 

Contact force is then found using the equation stated earlier. 

The contact force from the cam lobe to the tappet can only push and give positive acceleration. 

When a spring is installed in the valve train there is an initial compression named ‘Yo’ 

 

 

The spring force is opposing the contact force so the equation becomes: 

Fc -spring force = m x a  

The spring force depends on the spring rate, initial compression and the amount of valve lift. 

Fc – K (yo + y) = m x a  

Rearranging gives: 

Fc = m x a x K (yo +y) 
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So at full lift the acceleration of the valve train is negative. At full lift the spring rate will be a 

positive number. At high rpm the acceleration at full lift is negative and can be a big enough 

value that it is equal and opposite to the spring force (Fc = 0). This point is the float speed of 

the valve which dictates the maximum rpm possible for 

the current drive train. 

From the contact force the friction force can be 

calculated by multiplying by the coefficient of friction. 

The work done per degree is then the average friction 

force multiplied by the distance moved. 

The distance moved ‘x’ is calculated by first finding the 

instantaneous velocity fig 3.3.4. ‘S’ is already known 

and omega can be calculated for each rpm interval 

(remembering the cam turns at half engine speed). 

Looking at figure 3.3.5 it can then be said that vertical 

velocity = instantaneous velocity x Sinα  

and  

x = s x Sinα 

but v = s x ω 

so vertical velocity = S.ω.Sinα, S.Sinα = x 

so vertical velocity = ω.x        thus  

x=𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉 𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 (𝑚𝑚𝑚𝑚/𝑠𝑠𝑠𝑠𝑠𝑠)
𝜔𝜔

=

𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉 𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑦𝑦 𝑚𝑚𝑚𝑚 𝑝𝑝𝑝𝑝𝑝𝑝 𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠 𝑥𝑥 (6𝑅𝑅𝑅𝑅𝑅𝑅) 
𝑅𝑅𝑅𝑅𝑅𝑅
60  𝑥𝑥 2𝜋𝜋

= 𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉𝑉 𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 (𝑚𝑚𝑚𝑚 𝑝𝑝𝑝𝑝𝑝𝑝 𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑)𝑥𝑥  360
2𝜋𝜋

  

The first contact point between the cam and the follower is when V and x = 0 (i.e. in middle). 

Another method of calculating ‘x’ is included in the appendices. 

Converting ‘x’ to metres then allows the work done per stroke and friction mean effective 

pressure to be calculated in the same way as it was for the piston. The 1.6 Ecoboost is a 16-

valve engine so the value for FMEP must be multiplied by this number. Figure 3.3.6. shows 

the Inlet, Exhaust and Total FMEP. 

(Andrew Harrison, Valve Timing, UWTSD, 2015) 
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3.4. Crankshaft Bearing friction  

Crankshaft friction contributions in this case come from journal bearings, connecting rods and 

the associated seals. Large loads are carried by journal bearings with low energy losses under 

normal operating conditions due to the separation of the two surfaces by the hydrodynamic 

lubricant film. The loads on the bearings vary with the gas forces and inertia forces. To 

calculate a bearings friction the minimum oil thickness must be determined. This is the 

minimum separation distance between the journal and bearing surfaces. If the film thickness 

is too low asperities will break through the film thus increasing friction and wear. Dr. Dmitri 

Kopeliovich (Research and Development manager at King Engine Bearings Inc) states that 

typical values of oil clearance for passenger cars ranges from 0.0005*Diameter to 

0.001*Diameter. 

Oil clearance of Journal bearings = (0.0005*0.047 + 0.001*0.047)/2 = 0.00003525 m 

Oil clearance of Conrod bearings = (0.0005*0.044 + 0.001*0.044)/2 = 0.000033 m  

Oil clearance of Camshaft bearings = (0.0005*0.025 + 0.001*0.025)/2 = 0.0000187 m 

To calculate the bearing friction mean effective pressure the work done in 2 revolutions due 

to friction must first be calculated and is equal to: 

2 x 𝜇𝜇 𝑥𝑥 𝜋𝜋2 𝑥𝑥 𝐷𝐷3 𝑥𝑥 𝜔𝜔 𝑥𝑥 𝐿𝐿
𝑑𝑑
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‘Μ’ being the dynamic viscosity of the oil, 

‘D’ the diameter of the bearing, ‘ω’ the 

angular velocity, ‘L’ the length of bearing 

and ‘d’ the oil clearance. The oil viscosity 

of the recommended oil for the 1.6 

Ecoboost at different temperatures is 

shown in table 3.4.1. Difficulty arises from 

the fact that the oil creating the film is likely 

to be hotter than the oil in the sump. 

Figure 3.4.2. shows how as oil 

temperature increases the friction mean 

effective pressure decreases. As an exact 

value of the oil temperature at the bearing 

is not known the value for dynamic 

viscosity at 100°C will be used. This requires conversion to Pa.s.  

 

 

 

 

 

 

 

 

 

(Viscopedia.com, Viscosity tables, Substances, Engine oil.) 

(KEW Engineering, Automotive Fluids, Lubricating oils and greases, fuels, coolants and Brake 

fluids.) 

Dividing the work done by the engine displacement and then converting to Bar yields the 

bearings FMEP. This is then multiplied by the number of bearings - in this case 5 for the journal 

bearings. The FMEP of the conrod and camshaft bearings is calculated in the same way with 

the bearings diameter, oil clearance and number of bearings being the only difference. 
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3.5 Auxiliary Friction 

There are many additional components of the engine that will also cause friction. These 

include the water pump, oil pump, alternator, timing belt and the camshaft and crankshaft 

seals. Unfortunately, the friction produced by these components could not be calculated due 

to lack of data i.e. the Ecoboost engines use variable oil pumps which means a single value 

for flow rate cannot be obtained. Happily, however, the friction can be approximated through 

the use of Ricardo’s paper on calculating engine friction in high performance engines. (Figure 

3.5.1.) Reading from the graphs the timing belt seems to produce a relatively constant FMEP 

over the engine speed range of around 0.05 bar with the auxiliary friction increasing from 

around 0.175 Bar at 1000 rpm to around 0.5 bar at 6000 rpm. 

 

 

 

 

 

 

 

 

3.6. Comparison 

As can be seen from figure 3.6.1., the sum of the different components’ friction is much higher 

than that calculated from the engine’s torque data. As the models are mathematically correct 

the only factor that could be the cause of such inaccuracy is the coefficient of friction used in 

the piston skirt, Top ring and valve friction models. As stated in chapter 2 the coefficient of 

friction changes with the side force and velocity of the piston. In this instance it seems the 

coefficient of friction used is much higher than it would be under real world operation. In order 

to determine how far off the models are the coefficient of friction will now be varied until the 

sum of the FMEP’s matches that calculated from the torque. As a guide for how much friction 

should be generated from each component a data set from Mahle Powertrain for a 2.0 litre 

TFSI engine will be used. (Figure 3.6.2.) 
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(Stewart Mackey, Mahle Powertrain, Friction reduction programme, 2009) 
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Figure 3.6.3. shows the FMEP for each component at a coefficient of friction of 0.1. Evidently 

the piston skirt friction is too high meaning the coefficient of friction must be reduced. Figure 

3.6.4. shows the total friction with these components removed and thus shows the amount of 

friction that these components can occupy once the coefficient of friction is corrected. To make 

the values correspond the coefficient of friction was then altered.  
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Using a coefficient of 0.025 

alters the FMEP to that seen 

in figure 3.6.5. At this value, 

the FMEP values match at 

the mid rpm range. However, 

the FMEP at lower rpms 

remains too high and at 

higher rpms is too low 

meaning the coefficient of 

friction at high rpm is higher 

than that at low rpm. This is 

almost certainly because of the increasing side forces and velocities. Higher side force means 

a lower duty parameter and thus the coefficient of friction is increased according to the Stribeck 

curve (figure 3.6.7). Higher velocities mean a higher duty parameter and so could be moving 

back up towards the right of the Stribeck curve. The coefficient of friction of each rpm interval 

is then altered (figure 3.6.6.) with the noise of the total FMEP from torque data trace ignored 

due to the likelihood of it being created by irregularities in combustion. The table in figure 3.6.6. 

shows the closest matching coefficient of friction values for the rpm intervals.  

 

 

 

 

 

 

 

(Phil Carden, Calculation of Friction in 

High Performance Engines, 2014) 
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Chapter 4: Crank Offset Friction Model 

Due to the 1.0 Ecoboost engine incorporating a crankshaft and piston offset, the method used 

previously to calculate friction could not be applied. In this case when the piston is at TDC the 

crank and rod angle is not straight i.e. they are still at an angle. Figure 4.0.1. 

 

To calculate the actual crank angle a diagram is drawn such as the one in figure 4.0.2. From 

this it can be seen that 𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆 is equal to the crank offset minus the piston offset divided by the 

crank throw plus the rod length: 

𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆 =  
(𝑥𝑥2 − 𝑥𝑥1)
(𝑅𝑅 + 𝐿𝐿)

 

So the crank angle at TDC: 

𝜃𝜃𝑇𝑇𝑇𝑇𝑇𝑇 = 𝑆𝑆𝑆𝑆𝑆𝑆−1
(𝑥𝑥2 − 𝑥𝑥1)
(𝑅𝑅 + 𝐿𝐿)

 

In Excel this gives a value in radians. Adding this value to the original crank angle in radians 

gives the corrected crank angle. 
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The height at TDC can then be calculated by adding crank throw and rod length and multiplying 

by the cosine of the corrected crank angle. 

𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻 = (𝑅𝑅 + 𝐿𝐿) 𝑥𝑥 𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶 

Likewise the conrod angle must be corrected as it is not straight at TDC. This is done by using 

the triangles again. 

AC = AB + BC 

R.Sin𝜃𝜃 = 𝐿𝐿. 𝑆𝑆𝑆𝑆𝑆𝑆∅+ (𝑥𝑥2 − 𝑥𝑥1) 

L.Sin∅ = 𝑅𝑅. 𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆 − (𝑥𝑥2 − 𝑥𝑥1) 

Sin∅ = 𝑅𝑅
𝐿𝐿
𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆 − (𝑥𝑥2−𝑥𝑥1)

𝐿𝐿
 

Thus the corrected conrod angle is  ∅ = 𝑆𝑆𝑆𝑆𝑆𝑆−1 𝑅𝑅
𝐿𝐿
𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆 − (𝑥𝑥2−𝑥𝑥1)

𝐿𝐿
 

The ‘S’ value or piston distance moved is also found from the triangles. 

S = (R+L) x Cos(crank angle at TDC) 

S = HTDC - (𝑅𝑅.𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶 + 𝐿𝐿.𝐶𝐶𝐶𝐶𝐶𝐶∅) 

Using the corrected values for crank angle and conrod angle the velocity in metres per degree 

can then be calculated by subtracting 𝑆𝑆1 𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓 𝑆𝑆2. Repeating gives the velocity at each degree 

over 720 degrees. The acceleration in metres per degree per degree is then found by 

subtracting 𝑉𝑉1 𝑓𝑓𝑟𝑟𝑟𝑟𝑟𝑟 𝑉𝑉2. Repeating for every crank angle to find acceleration in metres per 

second squared. 

Number of degrees per second = 360 𝑥𝑥 𝑅𝑅𝑅𝑅𝑅𝑅
60

 

This cancels to become 6 x Rpm. 

Acceleration in metres per second squared is then equal to the acceleration per degree per 

degree multiplied by 6.𝑅𝑅𝑅𝑅𝑅𝑅2. 

Knowing the acceleration means the inertia force can now be calculated from F=ma with the 

mass being the reciprocating mass i.e. piston and pin mass plus a third of the rod mass. 

Knowing the inertia force means the net downforce can be calculated and thus the rest of the 

spreadsheet can be completed. To check the new method works the offsets were set to zero 

and the FMEP compared to the FMEP obtained from the previous method. Figure 4.0.3. shows 

the comparison for the 1.6 Ecoboost.  
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So Fside = Fnet.Tan∅    and     Frod = 𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹
𝐶𝐶𝐶𝐶𝐶𝐶∅

 

The friction force is then at right angles to the side force so Ffriction = 𝜇𝜇 𝑥𝑥 𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹  

The work done per degree due to friction can then be calculated seeing as work done is equal 

to a force multiplied by a distance. The friction mean effective pressure is then calculated 

using the same method as before. 

Looking at figures 4.0.4. to 4.0.6. it becomes evident how effective the use of a crank offset 

is. The offset model will now be applied to the 1.6 Ecoboost engine to see how much of a 

reduction in friction can be achieved. The optimum offset will then be applied to a Solidworks 

model of the engine. This will show how feasible it is and to what extent the engine would 

need to be modified. 

Taking the values for the skirt FMEP at each rpm for a range of different crank offsets allows 

the following graphs to be produced: 
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The graphs show that as the crank offset is increased from 0 to around 25mm the skirt FMEP 

starts to decrease with a minimum value at around 25mm. However, as the offset is increased 

further skirt FMEP starts to increase again until at 40mm the skirt FMEP is greater at high rpm 

than the 0 offset. This gives an indication that something is happening which makes the friction 

worse after a crank offset of 25mm is reached. Figure 4.0.7. shows the same graph for the 1.0 

FOX engine at part load. This graph corresponds with the full load graphs showing the lowest 

FMEP occurring at around 25mm offset.  

 

 

 

 

 

 

 

 

The next graphs show the work done due to the friction of each stroke at different rpms with 

the crank offset left variable. This will allow understanding of which stroke is causing the most 

friction and how it changes with offset. The graphs go from zero offset to 40mm offset in 10mm 

intervals.  
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These graphs show a similar flipping characteristic with the compression stroke having a 

higher work done value after around a 22mm crank offset than the power stroke. The rod 

angles will now be examined to show the reason for this flipping. 

From the stroke graphs it is evident that the total work done as a sum of the Individual total 

work done is lowest at 25mm, which corresponds with the previous offsets graphs (figures 

4.0.4. to 4.0.6.). 25mm has the lowest overall total work done due to friction meaning lower 

maximum friction forces are generated and thus less wear generated. This corresponds with 

Musashi Institute of Technology in Japan who pursued a more detailed study using a floating 

liner single-cylinder engine which allowed them to measure piston friction force. Their 

measurements showed that on a crank angle basis, the friction reduction during the expansion 

stroke was greater than the friction increase during the compression stroke, resulting in a net 

reduction in friction.  

(Steve Shin, Annette Cusenza and Fanghui Shi, Offset Crankshaft Effects on SI Engine 

Combustion and Friction Performance, 2004 SAE) 
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Figure 4.0.8. shows the conrod angle against crank angle at different offsets. As the crank 

offset increases, the conrod spends more time at a negative angle. This means as the offset 

increases, the rod angle on the down stroke gets smaller and smaller and so a straighter rod 

angle is achieved during the early parts of the expansion stroke, leading to reduced piston 

side forces when cylinder pressures are highest - thus reducing the friction. However, as the 

rod angle on the expansion stroke decreases the rod angle on the compression stroke is 

increasing (figure 4.0.9.). This direction of offset is termed positive crank offset or negative 

bore offset whereby the crankshaft is offset towards the major thrust side. 

(Steve Shin, Annette Cusenza and Fanghui Shi, Offset Crankshaft Effects on SI Engine 

Combustion and Friction Performance, 2004 SAE) 
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4.1. The Effect of Offset on Inertia 

Figures 4.1.1. to 4.1.3. show the inertia as crankshaft offset is increased in 20mm intervals. 

As can be seen, the positive inertia doesn’t seem to be affected, whereas negative inertia max 

is increasing as crank offset increases. The angle at which maximum negative inertia occurs 

is also seen to be moving further and further away from 180 degrees or BDC. This is because 

as the offset increases the BDC point in degrees is also increasing, with the rod spending 

more time at a negative angle and thus increasing negative inertia. 
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4.2. Effect of Offset on Torque 

To see if the torque changes with offset the following graphs show the torque calculated 

through two different methods. One uses the rod force and the perpendicular distance. The 

other uses the IMEP. 
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The torque at a particular angle is equal to Frod x OA. 

We can see that OA = OB x Sin(𝜃𝜃 +  ∅) so,  

Torque = Frod x OB x Sin(𝜃𝜃 +  ∅)  

Frod is known to be = 𝐹𝐹𝐹𝐹𝐹𝐹𝐹𝐹
𝐶𝐶𝐶𝐶𝐶𝐶∅

 , OB is known as it is the Crank throw and the angles have been 

previously calculated 
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The above graph shows the torque at each rpm taken as an average of the total. As can be 

seen, increasing offset reduces torque ever so slightly with a reduction of around 2 Nm from 

0 offset to 40mm.  

The mean torque is calculated from: 

W.D. in 2 revs = (IMEP-FMEP) x Eng. Disp 

Indicated work done in 2 revs = IMEP x Eng. Disp = Mean Torque x 4𝜋𝜋 

Mean torque = 𝐼𝐼𝐼𝐼𝐼𝐼𝐼𝐼 𝑥𝑥 𝐸𝐸𝐸𝐸𝐸𝐸.𝐷𝐷𝐷𝐷𝐷𝐷𝐷𝐷
4𝜋𝜋

 

It is shown as the green line and sits roughly in the middle of the values calculated using the 

rod force. This shows that the calculations are correct and that the effect of crank offset on 

torque can be said to be very small and insignificant. 
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4.3. The effect of rpm and load on the optimum offset. 

Figure 4.3.1. and 4.3.2. show the work done due to friction against offset for each rpm interval. 

The 1.6 being at full load and the FOX at part load. As can be seen the lowest work done due 

to friction at both full load and part load occurs at around 25mm of crankshaft offset. This is 

also the case for the rpm intervals.  

 

 

 

It seems then that a crank offset of 25mm would yield the lowest friction for the piston skirt 

with no foreseeable side effects. Now that the coefficient of friction has been corrected the 

crank offset can be reapplied to the model to see how much of a reduction in friction can be 

generated. Figure 4.3.3. shows the comparison of skirt FMEP for 0 offset and 25mm offset.  

Using this offset means a reduction in skirt friction of around 5% can be achieved. 

.  
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Using the 1.6 Ecoboost engine a model was then made within Solidworks. Safety factors and 

life cycles were then found for individual components using the simulation software. An 

attempt has been made to modify the engine to accommodate 25mm offset while producing 

the same safety factors and life cycles as the original. 
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Chapter 5: CAD Models 

To see what the maximum crank 

offset that would be possible within 

the Ford engine, a detailed model of 

the engine’s crankshaft, conrod, 

piston and block were created. 

Creating an assembly out of these 

parts and then rotating it allows the 

clearance between piston, conrod, 

crankshaft and block to be analysed.  

Modelling of the block and its components 

lead to the understanding that a crank offset 

cannot be applied without drastic changes to 

the block’s design. Because of this the block 

needed to be redesigned to accommodate 

the optimum crankshaft offset. It was then subject to 

simulation and relevant safety factors obtained. The 

redesigned block and engine components were designed 

to have the same factors of safety. To begin the block and 

crank ladder were mated together. Fixtures were applied 

to each head bolt location to represent the block being 

pushed away from the cylinder head during combustion in 

the cylinders (figure 5.0.1.). The forces were then applied 

to the crank ladder main journal locations at either side of 

each cylinder. (figure 5.0.2.) Using the maximum net 

downforce value calculated in the friction model of 26847 

N means 13423.5 N is reacted by each side of the crank 

ladder (figure 5.0.3). Simulating the block for each 

cylinder individually means the force is only reacted by 

the crank ladder on either side of the cylinder instead of 

being spread out across the whole crank ladder which 

would not be a true representation of real life.  

To the right: Image showing 
assembly of 1.6 Ecoboost engine. 
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A standard mesh size of 20mm is used 

with a refined mesh of 5mm on the crank 

ladder and around its fixings on the block. 

throughout the simulations (Figure 5.0.4.) 

with aluminium used as the material. 

Hyundai motor company (2009) state 

approximate values for the factor of 

safety of an engine block in figure 5.0.6. 

Simulation of the standard 1.6 Ecoboost 

engine block gave a minimum factor of 

safety of 1.6 which corresponds nicely. 

Screenshots of the simulation results are available in the appendices. 

To integrate the 25mm crankshaft offset 

into the engine block, modifications had 

to be made to the journal locations, 

effectively moving them 25mm to the 

side. This led to the bottom of the oil 

ways also needing to be moved to the 

side. Thus, to maintain the original 

cylinder head mounting points, the oil 

ways need to be angled. Due to the 

crankshaft and thus flywheel moving the 

engine blocks accessories and relevant 

sensors would also require repositioning. However, by simply altering the accessory 

mounting points in accordance to the crankshaft movement means the accessories do not 

need modifying. Such items that will require 

mounting point repositioning include the crankshaft 

sensor, starter motor, timing belt, Oil pump and 

water pump. Items other than the block that will 

require alteration include the sump, timing belt, oil 

pump chain and alternator belt. 
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Aside from alterations to the block the only other component that would require modification 

is the sump. This item is of relatively low complexity and so would require minimum effort to 

alter accordingly. The crankshaft, crank ladder, conrods etc. do not require modification in 

terms of fitment but may require attention once component balance is reviewed. Changes to 

the chassis of the vehicle may also be needed due to the thickening of the bottom of the 

engine. Figure 5.0.5. illustrates the changes that have been made to the block to 

accommodate the crankshaft offset. Technical drawings of each component are available in 

the appendices.  

Using the same force value and position the modified block was altered in such a way as to 

retain the original factor of safety. The individual simulations are also included in the 

appendices. 
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Chapter 6: Conclusion  

In the first part of this report a detailed friction model of the piston skirt is created. This not only 

shows how the friction of the piston skirt is calculated but also what contributes to it. Analysis 

of the skirt friction showed how the friction mean effective pressure is higher for turbo engines 

with the 1.0 Fox generating the most friction. It also showed the skirt FMEP as a proportion of 

the IMEP with the 1.0 Fox having the highest IMEP. Knowing the 1.0 Fox engine uses a 

crankshaft offset of 8mm, the friction generated once this offset was applied showed a 

significant reduction in friction. 

Chapter 2: demonstrates how a single value used for the coefficient of friction does not 

represent real world conditions and thus requires a method of relating it to the piston velocity 

and side force. The literature review carried out into the matter concluded that currently there 

is no mathematical way of doing so and that the common idea of calculating the duty 

parameter and relating it to the coefficient of friction does not correspond when data from a 

fired engine is used. Clearly this is a subject that requires further research as a mathematical 

method of predicting the coefficient of friction for a reciprocating component would not only 

reduce practical testing costs but also allow a more extensive research into ways of reducing 

the friction. 

In order to calculate the coefficient of friction change with engine speed the total friction of an 

engine was then calculated using an engine’s torque data. This allowed comparison with the 

friction calculated for each individual component. As expected the value of 0.1 used for the 

coefficient of friction was too high and had to be drastically reduced in order to match that of 

the total engine friction. Obviously, the values stated at each engine speed are not completely 

accurate as they change with each crankshaft degree but they do give an insight into the 

approximate range of the coefficient of friction throughout the engine speed range. The 

calculated values correspond with (Phil Carden: Calculation of Friction in High Performance 

Engines, 2010) who states estimated values for the different regimes of lubrication with 

boundary occurring around 0.1 and hydrodynamic around 0.005. (J. Halling, Principles of 

Tribology, 1987 Pg. 6) then states that both mixed lubrication and hydrodynamic lubrication 

(where increasing speeds cause increased friction) have been observed in the mid stroke 

region, depending on engine speed and load.  

Once the Component friction was made to match that of the total engine friction the friction 

models were adjusted to incorporate a crankshaft offset. This allowed the potential friction 

reduction of the crankshaft offset to be calculated and an optimum value found. This value 

was then incorporated into a 1.6 Ecoboost engine to show the extent of modifications required. 
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Comparing the Total friction of the standard engine to that of the modified engine incorporating 

the corrected coefficient of friction correction yields a maximum friction reduction of around 

5% at 25mm of crank offset. This value is far higher than that currently being used by 

manufacturers and suggests there is still room for improvement in reducing the piston skirt 

friction, with the engine design conducted within Solidworks suggesting that only modifications 

to the block would be necessary. The reason for this reduction in friction comes from the side 

force. The positive crankshaft offset results in an increase in force during the compression 

stroke and a decrease during the expansion stroke. The decrease during the expansion 

stroke, however, is larger in magnitude, longer in duration, and occurs at a higher piston 

speed: all resulting in a net reduction in piston side force due to the offset.  

Other benefits of the crank offset that are not evident in the friction model, according to Toyota, 

include a possible 3% improvement in fuel economy due to changes in combustion 

performance and friction levels. It is thought that combustion is improved due to reduction of 

time loss. Increased crank offset means the volume to crank angle profile is altered in such a 

way that the piston dwells nearer top dead centre for longer thus giving it a nearer constant 

volume combustion event, which in theory helps to increase cylinder pressures during early 

expansion and improves heat release. Another possible advantage of offsetting the crankshaft 

was found by Musashi Institute of Technology, who measured piston motion and found that 

the piston skirt tilt angle during compression was reduced due to the offset, allowing improved 

oil film thickness development and lowering piston friction. However, there are several factors 

that have been overlooked in this report which may lead to friction increasing in other areas of 

the engine. In the case of a well-lubricated piston skirt and gudgeon pin, analysis suggests 

that friction could increase if the crankshaft were offset, due to an increased moment about 

the pin that reduces oil film development at the skirt. Also in regards to the piston pin two other 

factors need to be considered: One being the moment generated by the combustion force 

acting on the piston surface and pin offset and the other being the friction of the piston pin 

itself. Both these factors influence the magnitude of the moment about the pin in which a 

greater moment is detrimental as it increases piston tilt, thus reducing hydrodynamic film 

development. The reduction in friction from offsetting the crankshaft then is determined by the 

net result of both the reduction in side force and the moment about the piston pin. Thus in 

order to clearly understand the friction reduction the piston pin would need to be examined. 

This could be the subject of further work. 
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Chapter 7: Recommended further work 

For the friction models to be developed any further it would be necessary to accurately 

measure the coefficient of friction at each crankshaft degree of rotation. As there is no 

mathematical method of relating them it would be necessary to develop a reciprocating test 

rig which operates under the same conditions as the real engine. Unfortunately it seems 

currently there is no way of measuring the data at such high speeds and loads. For this reason 

the general trend is to use a motored test rig, details of which will now be discussed. 

A direct motoring of the engine is conducted under conditions as close as possible to firing. 

Engine temperatures are maintained as close to normal operating temperatures as possible. 

This can be done either by heating the water and oil flows or by conducting a “grab” motoring 

test where the engine is switched rapidly from firing to motored operation. The power required 

to motor the engine includes the pumping work. Motoring tests on a progressively 

disassembled engine can be used to identify the contribution that each major component of 

the engine makes to the total frictional losses. However, these tests are still fairly inaccurate 

with motoring losses being different from the firing losses for the following reasons. Only the 

compression pressure and not the firing pressure acts on the piston, piston rings and bearings. 

The lower gas loads during motoring mean lower rubbing friction. Piston and cylinder bore 

temperatures are lower in motored operation, meaning a greater viscosity of the lubricant and 

therefore increased friction. Piston cylinder clearances are greater during motoring operation 

which tends to make friction lower. However, in firing operation the lubrication of the top ring 

near the top of the stroke is inadequate to maintain normal hydrodynamic lubrication with the 

higher gas pressures behind the ring. The resulting boundary friction in this region makes 

friction in the firing engine higher. In motored operation, the exhaust blowdown phase is 

missing and the gases discharged later in the exhaust stroke have a higher density than under 

firing conditions. These effects can result in different pumping work. When motoring, net-work 

is done during the compression and expansion strokes because of heat loss from the gas to 

the walls, and because of gas loss through blow by. This work is not part of the true total 

friction work in a firing engine and should not be deducted from the indicated work of the firing 

engine to obtain the brake work; heat losses and blow by are additional energy transfers to 

the indicated work, friction work and brake work. (John B. Haywood book, Internal Combustion 

Engine Fundamentals, 1998, Pg. 719) 

In addition to the reciprocating test rig it would also be beneficial to research the piston pin 

friction and how the moment about the pin influences the friction. Along with additional 

research into accessory friction and continued development of their models. 
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Chapter 8: Appendix 

8.1. Derivation of method to convert acceleration in m/degree/degree to metres per 

second squared. 

If rpm = rpm 

Number of revs/second = rpm/60 

Number of degrees/second = 360 x rpm/60 = 6.rpm 

If v = v mm/degree 

Number of degrees per second = 6.rpm 

Therefore V in mm/s = 6.rpm x V (mm/degree) 

If a = a (mm/degree/degree) 

There is 6.rpm in a second  

Therefore in mm/second^2 = 6.rpm x 6.rpm x a (mm/degree/degree) 

=(6.rpm)^2 x a (mm/degree/degree) 

 

 

 

8.2. Additional method to calculate ‘x’ (distance lobe has moved) 

From figure 8.2.1. and using trigonometry it is evident 

that x = OB.Tanα and α = {180-(θ+φ)} 

Finding the cam angle (φ) and angle from the nose 

(θ) for each corresponding OB value starting from the 

contact point thus allows calculation of ‘x’. The reason 

for not choosing this method is due to the layout of 

the spreadsheet which would mean finding the 

corresponding values by scrolling through the matrix 

each time which would lead to large amounts of time 

being wasted. 
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The bearings are in predominantly hydrodynamic lubrication, in contrast to the valvetrain 

oscillating components, which are characterized to be mostly in the mixed/boundary 

lubrication regimes. 
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8.3. Simulation of Block 
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8.4. Simulation of Modified Block 
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8.5. Technical drawings 

8.5.1. – Standard Engine Block 
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8.5.2. Conrod 
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8.5.3. Crankshaft 
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8.5.4. Crank Ladder 
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8.5.5. Shell Bearing 
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8.5.6. Conrod-Cap 
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8.5.7. Modified Block 
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8.5.8. Assembly 
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8.6. Spreadsheets 

Piston skirt Friction Model 
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Indicated Mean Effective Pressure 
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Ring Friction  
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Crankshaft Bearing Friction  

 

Conrod Bearing Friction  

Images show friction models for 1.6 Ecoboost at 1000 Rpm. These models are repeated for each rpm interval and 

also for the 1.0 Ecoboost (Full and Part load) and the 1.6 Sigma giving a total of 46 spreadsheets. 
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Valve Friction  
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Camshaft Bearing Friction  
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