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1. [bookmark: _Toc224564548]Introduction
Internal combustion engine (ICE) components are subjected to significant cyclic loading due to combustion pressure and reciprocating inertia forces, particularly at high engine speeds. These loads induce high stresses on critical components such as the connecting rod, rod bolts and crankshaft. This investigation uses MATLAB to analyse the forces experienced by these components (from a 1.6 Ford EcoBoost engine) through Goodman diagrams and torque characteristics analysis. 


2. [bookmark: _Toc224383476][bookmark: _Toc224564549]Connecting Rod Force Analysis
2.1 [bookmark: _Toc224564550]- Parameter Table
Table 2.1.1 – Key parameters for the analysis to follow.
	Component
	Size
	Unit

	Crank Radius
	0.0407
	m

	Connecting Rod Length
	0.134
	m

	Reciprocating Mass
	0.347
	kg

	Bore
	0.079
	m



[bookmark: _Toc224564551]2.2 - Analysis
Gas force acting on the piston is generated by the combustion pressure within the cylinder and can be expressed as the product of instantaneous cylinder pressure and piston area. The force is transmitted through the piston assembly and connecting rod to the crankshaft during the engine cycle (Heywood, 2018). Therefore, the gas force closely follows the cylinder pressure profile, reaching its maximum shortly after TDC (top dead center) during combustion where peak pressure occurs. As the piston moves back down during the expansion stroke, cylinder pressure decreases and so a reduction in gas force occurs throughout the remainder of the cycle (Pulkrabek, 2014). 
[image: ]
Figure 2.1 - Graph displaying gas force vs. crank angle.
Inertia forces arise from the acceleration and deceleration of the reciprocating piston assembly during the motion of the crank-slider mechanism (Lučić, 2022; Ha et al., 2006). These forces depend on several parameters including reciprocating mass, crank radius, connecting rod length and the angular velocity of the crankshaft (Heywood, 2018). As the piston undergoes continuous acceleration and deceleration during the engine cycle, the inertia force varies cyclically with crank angle as the piston changes direction at TDC and BDC (Pulkrabek, 2014). Consequently, the inertia force reaches its greatest value near these positions where piston acceleration is at its highest. Furthermore, inertia forces are in a proportional relationship with crankshaft angular velocity (squared), therefore inertia forces increase significantly with engine speed meaning high speed engines used in motorsport applications would experience significant inertia forces (Heywood, 2018; Ha et al., 2006). 
[bookmark: _Toc224383477][bookmark: _Toc224483032][bookmark: _Toc224564552][image: ]
Figure 2.2 - Graph displaying inertia force vs. crank angle at different RPMs.
The net force acting along the connecting rod is obtained by combining gas force (generated by combustion pressure) and inertia force (from the reciprocating mass of the piston assembly) (Kumar, 2013). Figure 2.3 illustrates how this resultant force varies throughout the crank cycle. During combustion, shortly after TDC the high cylinder pressure produces a large compressive load acting along the connecting rod. As the piston continues its motion and the cylinder pressure decreases, the influence of gas force reduces, and inertia effects become more dominant. Near TDC during intake and exhaust strokes, the rapid deceleration of the piston generates significant inertia forces, resulting in tensile loading within the rod (Aye et al., 2017). This behaviour highlights the cyclic nature of the loading experienced by the component, where the alternating tensile and compressive forces prove critical when evaluating the stresses transmitted to the connecting rod bolts and therefore form the basis of the subsequent fatigue analysis. 

[image: ]
Figure 2.3 - Graph displaying net force vs. crank angle.
3. [bookmark: _Toc224383478][bookmark: _Toc224564534][bookmark: _Toc224564553]Connecting Rod Bolt Stress Analysis
3.1 [bookmark: _Toc224564535][bookmark: _Toc224564554]– Bolt Parameters
Table 3.1 –Connecting bolt parameter values.
	Parameter
	Value
	Unit

	Cross-sectional area
	42.43
	mm^2

	UTS (Ultimate Tensile Stress)
	1100
	MPa

	Endurance limit
	495
	MPa

	Elastic modulus
	200000
	N/mm^2

	Threaded length
	21.26
	mm

	Interacting length
	31
	mm

	Preload stress
	594
	MPa

	Preload force
	25202
	N




3.2 [bookmark: _Toc224564536][bookmark: _Toc224564555]– Connecting Rod Bolt Analysis
As seen in figure 3.1, the bolt remains in tension throughout the entire engine cycle due to the initial preload applied during assembly, which keeps the connecting rod and cap clamped together and prevents joint separation during operation (Bickford, 2008). The stress fluctuates about a relatively high mean stress caused by the preload, with a smaller alternating stress component produced by inertia forces from the piston assembly. The highest bolt stress occurs near TDC, where piston acceleration is at its highest and the inertia of the rod assembly creates the largest separating force. The increasing difference between the stress curves at higher engine speeds shows the correlation between crankshaft speed and inertia loading as mentioned in chapter 2. Since fatigue damage in bolted joints is mainly controlled by alternating stresses acting around the mean stress level, this cyclic behaviour is important when assessing the fatigue performance of the connecting rod bolt (Heywood, 2018; Witek, 2019).
[image: ]
Figure 3.1 - Graph displaying connecting rod bolt stress in relation to crank angle.
The fatigue performance of the connecting rod bolt was evaluated using a Goodman diagram, which relates alternating stress to mean stress relative to the material endurance limit and ultimate tensile strength. The vertical blue line in figure 3.2 represents the actual stress range experienced by the bolt during operation, with the green dashed line representing the allowable stress range which lies above the actual operating stress, demonstrating that the bolt operates within the safe fatigue region and has a positive fatigue safety factor (FSF) of 4.0447. The difference between the allowable and alternating stress corresponds to the FSF of the bolt. This indicates that that the applied preload maintains a high mean stress while limiting the magnitude of the alternating stress component, which is beneficial for fatigue resistance in bolted joints (Bickford, 2008). Maintaining the operating stress state within the state within the Goodman failure envelope is essential for ensuring reliable long-term operation of cyclically loaded engine fasteners (Shigley et al., 2020). 


[image: ]
Figure 3.2 - Goodman diagram for connecting rod bolt.

4. [bookmark: _Toc224383480][bookmark: _Toc224564537][bookmark: _Toc224564556]Bolt Design Improvement
4.1 [bookmark: _Toc224564557]– Duratec Bolt Parameters
Table 4.1 – Duratec bolt parameters
	Parameter
	Value
	Unit

	Shank diameter
	7.7
	mm

	Area
	46.57
	mm^2

	UTS
	1100
	MPa

	Endurance Limit
	495
	MPa

	Engine Speed
	9000
	RPM

	FSF
	1.799
	-



[bookmark: _Toc224564558]4.2 – Bolt Design Improvement Analysis
A measured Ford Duratec connecting rod bolt was used as a realistic benchmark geometry for the redesign assessment. The measured shank diameter of 7.7mm gave an effective tensile area of 46.57mm^2, resulting in a FSF of 1.799 at 9000 RPM. As illustrated by the Goodman diagram below, the operating stress range lies within the safe fatigue region. This indicates that the Duratec bolt provides an improvement on the original assumed bolt geometry, but it remains slightly below the target FSF of 2, which was chosen as according to Heywood (2018) “engine components subjected to high cyclic stresses are typically designed with FSFs closer to 2.0 to ensure reliable long-term operation”. Using the calculated relationship between bolt area and FSF, the required area to restore the design target was found to be 51.77mm^2, corresponding to a bolt diameter of approximately 8.12mm. This shows that the Duratec bolt is close to the required design but would require only a small increase in diameter to satisfy the FSF requirement of 2. The result suggests that the production-style Duratec geometry is a sensible reference design, although a slight diameter increase would improve fatigue resistance under high-speed loading conditions. 
[image: ]
Figure 4.1 - Goodman diagram for the Duratec connecting rod bolt.

5. [bookmark: _Toc224383481][bookmark: _Toc224564559]Crankshaft Torque Investigation
Figure 5.1 compares the total inertia torque generated by a standard and cross-plane crankshaft. The standard crankshaft produces large oscillations in inertia torque, reaching peaks of ±450Nm, as cylinders operate in pairs and their inertia torque contributions reinforce each other. In contrast, the cross-plane configuration significantly reduces the magnitude of these fluctuations, with peaks of ±150Nm. This occurs due to the altered crank throw phasing distributing the piston inertia forces more evenly throughout the cycle, allowing partial cancellation between the torque contributions of different cylinders. The result is a substantial reduction in torque ripple, which improves torque smoothness and reduces the magnitude of cyclic loading acting on the crankshaft. Reducing inertia-induced torque fluctuations is important for improving engine balance and limiting vibrations transmitting through the crankshaft and drivetrain (Heywood, 2018; Stone, 2012; Pulkrabek, 2014).

[image: ]
Figure 5.1 - Graph comparing inertia torque from a standard and cross-plane crankshaft.
Figure 5.2 shows the gas torque generated by both configurations. Both crankshaft configurations produce similar peak torque levels, while the main difference lies in how the torque pulses are phased throughout the cycle. This demonstrates that crankshaft geometry influences the timing and distribution of torque pulses rather than the magnitude of the combustion-generated torque itself (Heywood, 2018; Stone, 2012). 
[image: ]
Figure 5.2 - Graph comparing gas torque from a standard and cross-plane crankshaft.
Total crankshaft torque is calculated by combining the gas and inertia torques. The resulting torque traces represent the instantaneous torque acting on the crankshaft during the engine cycle. The shape of the curves is primarily dominated by the gas torque produced during the combustion phase, which generates the large positive torque peaks visible in figure 5.3. However, the inertia torque component modifies this behaviour by adding additional oscillations that depend on crankshaft geometry and piston motion. As a result, the standard crankshaft configuration produces a more uniform distribution of torque pulses across the cycle, whereas the cross-plane configuration generates larger individual peaks but with different phase spacing between cylinders. This illustrates how crankshaft design influences the instantaneous loading experienced by the crankshaft by altering the interaction between combustion-generated torque and reciprocating inertia effects (Heywood, 2018; Stone, 2012; Pulkrabek, 2014).

[image: ]
Figure 5.3 - Graph comparing total torque from a standard and cross-plane crankshaft.
Below is the mean torque produced by the engine over different RPMs in comparison to the mean torque considering friction losses. The predicted torque increases rapidly before a more gradual reduction occurs in the higher RPMs, a behaviour that is synonymous with naturally aspirated spark-ignition engines. This initial increase is a result of improved cylinder filling and combustion efficiency, before volumetric efficiency decreases as the RPMs increase due to reduced air induction (Heywood, 2018). The friction losses considered in this investigation are from the piston ring and sides, and they increase with RPM which is to be expected due to higher sliding velocities and inertial loading (Taylor, 1985; Heywood, 2018). The calculated friction losses can be seen in figure 5.5.
[image: ]
Figure 5.4 - Graph comparing mean torque from a standard and cross-plane crankshaft.
[image: ]
Figure 5.5 - Friction loss percentages over different RPMs.





6. [bookmark: _Toc224564560]Results Evaluation
[bookmark: _Toc224564561]6.1– Connecting Rod Force Analysis Evaluation
The connecting rod force analysis is based on several simplifying assumptions which may influence the accuracy of the calculated loads. The model assumes that the pressure trace accurately represents the combustion process and that pressure acts uniformly across the piston surface. In reality, combustion behaviour varies between cycles and is influenced by turbulence, heat transfer and mixture variations, which can alter the magnitude and timing of the gas force acting on the piston (Heywood, 2018). In addition, the reciprocating system was modelled using a simplified rigid-body approach in which the piston assembly was treated as a single lumped mass. As discussed in Section 2, the slider–crank mechanism therefore neglects secondary dynamic effects such as structural flexibility, vibration and friction within the piston assembly. These factors can influence the instantaneous forces transmitted through the piston–connecting rod system and may therefore affect the true loading experienced by the connecting rod during operation (Stone, 2012).
[bookmark: _Toc224564562]6.2 – Connecting Rod Bolt Analysis Evaluation
The fatigue analysis of the connecting rod bolt is also subject to modelling assumptions that may influence the calculated fatigue safety factor. The bolt preload was assumed to remain constant during engine operation, whereas in practice preload can vary due to tightening scatter, thermal expansion and joint relaxation effects (Bickford, 2008). The load-sharing model between the bolt and connecting rod cap also assumes linear elastic behaviour and constant joint stiffness, while real bolted joints may exhibit local deformation and nonlinear contact behaviour.
Furthermore, the Goodman fatigue assessment assumes ideal material behaviour with a constant endurance limit. In reality, fatigue strength can be influenced by manufacturing imperfections, surface finish, residual stresses and thread geometry (Shigley et al., 2020). The stress concentration factor used in the analysis is based on simplified geometric relationships and may therefore differ from the actual stress distribution within the threaded region of the bolt (Witek, 2019). Consequently, the calculated fatigue safety factors should be interpreted as theoretical estimates rather than exact predictions of bolt fatigue life.
6.3 [bookmark: _Toc224564563]– Crankshaft Torque Investigations Evaluation
The crankshaft torque investigation also involves modelling simplifications which may influence the predicted torque characteristics. As described in Section 2, the gas torque calculation relies on the measured cylinder pressure traces and therefore assumes consistent combustion behaviour across all cycles. Variations in combustion efficiency, mixture preparation and heat transfer can influence the true pressure development and therefore affect the torque produced during the power stroke (Heywood, 2018).
Additionally, the inertia torque calculation assumes ideal crank–slider kinematics and rigid reciprocating components. In practice, crankshaft torsional vibration, structural flexibility and dynamic imbalance can influence the instantaneous torque transmitted through the crankshaft (Stone, 2012). The friction model used in the investigation also considers only piston ring and piston side friction, whereas real engines experience additional mechanical losses from bearings, valve train components and auxiliary systems (Taylor, 1985). As a result, the predicted torque characteristics represent an idealised approximation of engine behaviour but still capture the overall trends in torque generation and torque ripple between the different crankshaft configurations.
















[bookmark: _Toc224383483][bookmark: _Toc224564564]7. Conclusion
In conclusion, this investigation established that the connecting rod experiences cyclic tensile and compressive loading due to the combined effects of gas forces and reciprocating inertia. Fatigue assessment of the connecting rod bolt using the Goodman diagram showed that the bolt operates within a safe fatigue region, while the Duratec bolt geometry provided a realistic reference design close to the target FSF. The crankshaft torque investigation concluded that crankshaft configuration influences inertia torque behaviour, with the cross-plane arrangement reducing torque fluctuations compared to the standard crankshaft. Overall, the modelling approach successfully captured the key trends in engine component loading and torque generation, noting key assumptions also. 
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