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Introduction:
This paper presents an analytical assessment of the internal engine components within a ford sigma 1.6l turbocharged engine, looking specifically at the connecting rod, connecting rod bolts and gudgeon pin. 

The internal forces within an engine are relevant to the performance, fatigue resistance and durability and reliability of an engine. If one of these components were to fail whilst in operation, it would result in a catastrophic failure of the engine requiring. These components are built from the factory to come with a fatigue safety factor, as they are subjected to repeated cyclic stresses, fatigue is often the main factor of failure for these components as opposed to a static structural type failure. 

The forces within these components are generated by the kinematics, gas pressure and friction in the engine. The largest forces within the connecting rod are tensile force, arising from the inertia of the reciprocating components, and compressive force, arising from gas pressure generated during combustion. 
The objectives are to evaluate the stresses and fatigue safety factors to determine the amount which they are over-engineered such that they will not fail even once the engine has completed many cycles of combustion. From this, evaluate whether they are sufficiently over-engineered to the point where they can survive even at 9000rpm, 3000rpm higher than the engine is designed for, and which part may be the weakest link in this system at this increased engine speed. 
The bolts will then be optimised to reduce the internal stress and increase the fatigue safety factor to determine if it can be increased to the same as it was at the standard rpm limit of 6000rpm.
Crankshaft instantaneous torque and inertia torque between a cross-plane and the standard flat-plane crankshaft are also compared. 


Methodology:
2. Engine kinematics model
The motion of the reciprocating components is determined by the crank-slider system of the piston - crankshaft assembly, defined by crank radius R, connecting rod length L, bore B and piston area A, calculated from the bore.
2.1. Crank-slider system
Crank shaft angle:  - Taken from the excel spreadsheet and converted from degrees to radians, relating each angle to a cylinder pressure, from -360 to 359 degrees. 
Connecting rod angle: Due to the defined length of the con-rod, it forms an angle ϕ (phi) with the reciprocating axis.

[image: ]
Piston displacement: The piston position relative to TDC (top-dead centre) is given by:

[image: ]
2.2. Piston velocity and acceleration:


[image: ][image: ]

2.3 Inertia force:
Inertia force due to reciprocating mass
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3. Cylinder pressure and gas force:
Pressure is converted from bar to Pa: 
3.1. Gas force (piston): This represents the combustion force during the power stroke.

[image: ]
3.2. Piston net force: Axial forces on piston excluding friction. 
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3.3. Piston side force: Force of the piston being pushed sideways into the bore.

[image: ]
3.4. Piston friction force: Piston friction force using 0.1 as a typical value for  for lubricating oil in shear
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3.5. Connecting rod force: Axial force going through the connecting rod from the piston, resolved for the angle of the rod

[image: ]
3.6. Connecting rod force with friction: Final axial force through the connecting rod including friction force


3.7. Implementation: These calculations were performed in a MATLAB script to calculate values for every value of crank angle for the given dataset. This data was generated to provide the information for later stress, factor of safety and fatigue analysis on these components. 












4: Stresses and fatigue factors of safety
4.1. Connecting rod stress: Axial stress in the connecting rod calculated from force. 

[image: ]
Figure - Peak axial stress occurs at maximum rpm of 6000


The connecting rod experiences compressive, tensile bending and buckling stresses, however the major ones are compressive due to combustion pressure and tensile during the exhaust stroke due to reciprocating inertia. Peak compressive occurs just after 0 degrees with peak tensile stress at 360 degrees when the piston changes direction at TDC. This alternating compressive-tensile stress is what makes the rod susceptible to fatigue failure. 
4.2. Connecting rod fatigue analysis:
The fatigue analysis of the connecting rod involved calculating mean and alternating stresses in the con-rod to then calculate a fatigue safety factor and generate a Goodmans diagram. The fatigue safety factor was calculated at 6000rpm as that is where the highest stress occurs therefore where the lowest fatigue safety factor will occur at. As the engine is rated up to 6000rpm, it still needs to maintain an appropriate fatigue safety factor at this engine speed. 
This was done for an untreated connecting rod and one that has had a surface finish treatment. Surface treatments are achieved by generally good manufacturing or polishing the surface to remove surface defects which can propagate cracks though fatigue. The surface can also be placed in a compressive state by shot peening, blasting or nitriding. By putting the surface in compression, it will make the component less susceptible to fatigue. For this comparison it was assumed that the surface finish reduces the max and min stress by 100MPa. 
[image: ]
By applying this surface treatment correction, it reduces the mean stress of the connecting rod ad by doing so, increases the fatigue safety factor from 3.51 to 3.9. This is especially useful in high performance parts that are using fatigue safety factors closer to 1. In this example where it already has a large safety factor margin above 1, it wouldn’t make a realistic difference to fatigue longevity of the part.
[image: ]
Goodman’s diagram showing relation including surface treatment correction.
The Goodman’s diagram is a fatigue failure graph used to display the combined effect of mean stress and alternating stress on a component subjected to cyclic loads. It assumes a linear relationship between mean stress and allowable stress, bounded by the materials ultimate tensile strength and upper and lower endurance limits. 
The alternating stress is defined as:


The mean stress is defined as:

The Goodman line is represented as:

This relationship allows the fatigue safety factor to be determined by looking at how closely the operating stress state lies to the failure boundaries.
As such, by increasing the mean stress, it can be observed that the maximum allowable alternating stress reduces, as the upper and lower endurance lines converge towards the material UTS value.
5. Gudgeon pin analysis:
This engine uses a free fitting gudgeon pin, meaning there is a tolerance gap between the pin boss in the piston and the pin itself. It is lubricated to prevent seizing of the pin as the pin must be able to rotate and to keep temperatures down. The gudgeon pin is subjected to bending forces as combustion forces bend pin downwards and inertia forces bend pin upwards. 
5.1 Stress distribution
[image: ]
Peak stress happens as a result of peak combustion when the fuel ignites just after 0° crank angle. 






5.2. Fatigue analysis.
[image: ][image: ]
Fatigue safety factor represents the ratio of the applied stress in a component and the allowed fatigue limit. A value higher than 1 indicated that for the current operating stresses, the component will have an infinite fatigue life. In high cycle components such as engine reciprocating components, to compensate for any potential defects in materials, manufacturing or loading conditions, fatigue safety factors of production parts should have a margin of safety above a fatigue safety factor of 1, generally with fatigue factors of around or above 3. 
This safety factor of the gudgeon of 3.34 shows that it is over-engineered which is typical as you wouldn’t expect to need to replace it for the entire life of an engine. 

6 Connecting rod bolt analysis (6000rpm) 
6.1 Bolt loading 
Unlike the connecting rod which experiences compressive and tensile loads, the bolts only experience tensile loading as they resist separation of the rod and the cap. 
The bolt preload from tightening the bolt ensures that the thread always remains under tension even when the rod is in compression. 
[image: ][image: ]
The flat section of the rod bolt stress graph above shows this, the minimum stress section from just after ~300° to ~300° the bolt is still under tension when this is the period where the rod will be going towards compressive stress. Loads only partially transfer to the bolt while the rod is in tension which is shown by the alternating stress and spike in total stress at 360°.









6.2. Stress concentration factor
The stress concentration factor, Kt within the bolt threads affects the fatigue performance as it significantly increases local stress which makes the bolt the most fatigue critical component of this assembly. [image: ]
The above shows how the stress concentration was calculated, using values for h, r, D and then calculating the C values to get a final Kt value. 

6.3. Fatigue analysis
The fatigue safety factor of the bolt at 6000rpm was found to be 2.37 which is the lowest of these components proving they are the limiting factor in the system design.
[image: ][image: ]
7. Extended analysis of the connecting rod bolts to 9000rpm
As the provided data for this engine only ranges to 6000rpm where the rev-limit is, the data had to be extrapolated to 9000rpm. Data extrapolation is done by taking the patterns established in the data from 1000-6000rpm and applying it through the range to 9000rpm. This was done for the inertia force and the gas force to then calculate new total forces and therefore stresses in the connecting rod bolts. Because this data is an extrapolation, as gas pressure and combustion efficiency do not scale linearly with engine speed, it can be taken that these results may provide a useful estimation, they will likely underestimate peak stresses and fatigue at the increased engine speed.
7.1. Effects of increased engine speed
[image: ][image: ]
As seen in the above graphs of tensile stress, the flat sections (min stress) from just after ~300° to ~ -50° and ~-25° to ~300° remains at the same value as it was at 6000, a this is when the rod is in compression and therefore the additional forces from inertia are not transferred to the bolts, resulting in the same result. The large peak at 360° has increased to a higher value than was seen at 6000rpm as the bolts are now under a greater transfer of tensile load, the alternating stress, due to the increased inertia from engine speed. 
There is a spike in alternating stress just before 0° that was not seen at 6000rpm. This is during the compression stroke where at 6000rpm, the compression was the dominating force, causing no extra transfer of tensile load during this period. However, at 9000rpm due to the increased reciprocating inertia, even during the compression stroke, the tensile forces were beginning to become the dominant force as the load climbs but then is quickly overtaken by compression again, reducing the stress back to the baseline. The tensile forces do not fully transfer to the bolts during this period as the spike doesn’t reach the same magnitude as when they are fully in tensile during the exhaust stroke at 360°.
7.2. Fatigue results at 9000rpm
Using the same stress concentration factor as used at 6000rpm, the fatigue safety factor has decreased at 9000rpm due to the increase in alternating stress, putting the bolts through a larger cyclic load change with every rotation.
[image: ][image: ]
The min stress has remained the same as it was at 6000rpm but due to the increase of alternating stress, and therefore max stress during the exhaust stroke the mean stress has also increased. As a result of this increase in alternating stress, the fatigue safety factor has decreased dramatically, from 2.37 at 6000rpm to 1.06 at 9000rpm. 
It would be expected for factory bolts only rated to 6000rpm that at 9000rpm, the fatigue safety factor should reduce to below 1 meaning the bolts will fail before reaching its intended design life, however in this example they do not. This can be explained by the extrapolated data not being 100% accurate and that in a real example with realistic material qualities that have defects and manufacturing inconsistencies, they would likely fail.
8. Bolt geometry optimisation
8.1. Design objective
The objective of the bolt optimisation is the redesign the bolt to bring the safety factor back to as close to it was at 6000rpm (2.37) without increasing the mass of the system. This must be done by reducing the stress concentration factor. 

8.2. Optimisation strategy
The stress concentration factor, Kt, is primarily affected by:
· Thread root radius (r)
· Thread depth (h)
· Bolt diameter (D)
Since we want to maintain the same mass of the bolt, it must remain an M8 bolt therefore the diameter cannot be changed. By making the thread depth, h, shallower we can bring the Kt value down, however, changes to the root radius, r, have the largest effect on the Kt value. 
8.3 Result of optimisation[image: ]
This graph shows how the Kt value drops quickly as the root radius is increased, and after 0.5mm r, it continues to drop however not as quickly. 
The required Kt value to bring the fatigue safety factor back up to 2.76, is a value of 1.9Kt. This cannot be achieved solely by changing the root radius. By using the optimal root radius of 0.5mm, we can achieve a new Kt value of 2.76.


8.4. Improved fatigue performance
[image: ][image: ][image: ]
With the new Kt value being used, at 9000rpm we have brought the fatigue safety factor back up to 1.63. As a result of this improved Kt value, the alternating stress has reduced from 137.69MPa to 89.61MPa. This demonstrates that fatigue performance can be improved without increase the diameter of the bolt. 
8.5 Justification
The redesign improved the fatigue life by reducing the stress concentrations at the thread root. Sites at the thread root where cracks can form have been reduced as they are more likely to occur on sharp edges or smaller radii. 
The new fatigue safety factor is a good improvement and with a value of 1.63, it can still be defined as over-engineered and expected to last for the intended lifespan of the part, however it just does not have as large a safety margin as the bolt at 6000rpm. The safety margin is important for any abnormal errors in material quality, so assuming material is of good quality the bolt should perform adequately. 


9. Torque calculation and comparison
9.1 Instantaneous torque analysis
Instantaneous crankshaft torque is calculated by resolving the following forces back in line with the crankshaft centre line:
· Side force
· Inertia force
· Gas force
This creates a combined force moment about the crankshaft. This torque varies throughout the cycle as the resolutions for the above forces alternate as the crankshaft rotates, leading to cyclic fluctuations which affect engine smoothness and vibrations. 
9.2. Standard (Flat-plane) crankshaft behaviour[image: ][image: ]
Cylinders operate in pairs with one piston travelling upwards as another travels downwards, with cylinders 1 and 4 aligned and cylinders 2 and 3 aligned. The standard crankshaft has larger inertia torque peaks leading to increased vibration, requiring a flywheel of greater mass to balance.






9.3. Cross-plane crankshaft behaviour [image: ][image: ]
In a cross-plane crankshaft setup, the crankpins are spaced 90° apart from each other such that the pistons all reach TDC and BDC at different times. This creates a much smoother inertia torque as they cancel each other out. In the inertia torque graph, the cross plane crankshaft is seen to significantly reduce torque fluctuations as it has improved crossover distribution of reciprocating masses, however the torque does not reduce to near zero. The near zero numbers and noise in this graph is likely due to resolution limitations or modelling assumptions. 


9.4. Crankshaft Comparison[image: ][image: ]
The cross-plane crankshaft produces more consistent torque over the duration of a 720° cycle with much lower peaks than a standard crankshaft. This gives the cross-plane lower vibration levels allowing it to be balanced with a lighter flywheel as well.
The cross-plane crankshaft reduces inertia torque greatly which is especially noticeable at higher engine speeds. The inertia torque for the cross-plane appears to be 0 however in reality there are small fluctuations, it just has not been picked up in this model.
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