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1. Introduction
The connecting rod assembly has to deal with some of the harshest loading conditions in any reciprocating engine. Every cycle it goes from a large compressive gas load at firing TDC straight into a tensile inertia load as the piston decelerates on the exhaust stroke. Getting the design wrong means a connecting rod failure at speed — which is about as bad as it gets in an engine (Norton, 2020).

This report works through a full analytical assessment of the Ford 1.6 GDTi engine using measured pressure data from 1000-6000 RPM. Forces and stresses are calculated for the con rod midpoint, gudgeon pin at point A and the con rod bolt, with Goodman fatigue safety factors produced for each. The analysis is then pushed out to 9000 RPM using interpolation and extrapolation, a bolt redesign is explored, torque output is compared between inline and cross-plane crank configurations, and five alternative bolt materials are assessed.

The motivation is straightforward. Knowing the actual fatigue safety margin on a component is far better than assuming it is fine. And if components turn out to be significantly over-designed, there is a real opportunity to save mass — which matters in motorsport and increasingly in production cars too (Heywood, 1988).


2. Section 1 — Kinematics, Forces and Fatigue Analysis
2.1 Kinematics and Force Calculation
Piston acceleration was calculated using the two-harmonic approximation shown in Eq. 1. This approach gives accurate results for typical engine proportions without needing to numerically solve the full kinematics at every step:

a = R x omega^2 x (cos(theta) + (R/L) x cos(2theta))     (Eq. 1)

For this engine R = 40.7 mm and L = 134 mm, giving a crank-to-rod ratio of 0.3037. Total reciprocating mass is 0.347 kg, comprising the piston, rings, clips and gudgeon pin. Net force at the piston pin (Eq. 2) is what drives all the downstream component loading:

F_net = F_gas - F_inertia = P_cyl x A_piston - m_rec x a     (Eq. 2)

Figure 1 shows the measured pressure traces across all eleven RPM steps. Peak pressure climbs from 46.5 bar at 1000 RPM to 95.6 bar at 6000 RPM, peaking 15-28 degrees after TDC as combustion develops. Figure 2 breaks down the forces at 6000 RPM. At TDC firing the gas force hits 22,356 N against an inertia force of 7,269 N, giving a net compressive load of 15,087 N in the rod. The more critical condition for the bolt is TDC exhaust — pressure is near atmospheric, but the piston inertia still tries to pull the cap away from the rod with a separating force of 5,939 N.

[image: ]
Figure 1 - Cylinder pressure vs crank angle for all RPM datasets. Peak pressure increases from 46.5 bar (1000 RPM) to 95.6 bar (6000 RPM).
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Figure 2 - Gas, inertia and net axial forces at 6000 RPM. Peak gas force 22,356 N at TDC firing; inertia separating force 5,939 N at TDC exhaust.
2.2 Component Stresses
2.2.1 Connecting Rod Midpoint
Midpoint stress is simply force divided by area (CSA = 196.39 mm2), with compression taken as negative. Gas force dominates for most of the cycle so the mean stress is compressive — which is actually favourable for fatigue as it shifts the Goodman operating point in a beneficial direction.

2.2.2 Gudgeon Pin at Point A
The gudgeon pin was treated as a simply supported hollow beam loaded at mid-span by the piston forces. The bending moment at point A has two contributions (Eq. 3) — one from the net piston force and one from the inertia of the exposed pin mass, which acts at a slightly different location:

M = (F_net/2 x L2) + (F_pin_inertia x L1)     (Eq. 3)

L1 = 7 mm and L2 = 7.75 mm, with 23.28 g of pin mass exposed beyond the small end bore. Bending stress follows sigma_b = My/I with y = 10.5 mm and I = 8423 mm4. One thing worth noting is that the loading direction reverses between combustion and inertia events — the pin bends down under gas load and up under inertia — so it experiences a fully reversed stress cycle each revolution.

2.2.3 Connecting Rod Bolt
The bolt analysis uses a joint stiffness model to determine what fraction of any external separating force actually reaches the bolt. With k_bolt = 3.113e8 N/m and k_cap = 1.152e9 N/m, the load sharing factor C = 0.2128 — so around 21% of any external inertia load is added to the bolt stress on top of the preload. The preload itself was determined from the following chain (Eq. 4):

sigma_proof = 0.9 x Sy = 891.0 MPa;   sigma_axial = 0.6 x sigma_proof = 534.6 MPa;   F_pre = 22,683 N     (Eq. 4)

2.3 Fatigue Safety Factor Methodology
The FSF was calculated using the Goodman formulation from the module formula sheet throughout (Eqs. 5-8). This accounts for mean stress effects — a high mean stress reduces the allowable alternating stress range, which is important given the large preload on the bolt:

sigma_mean = (sigma_max + sigma_min) / 2     (Eq. 5)
sigma_range = sigma_max - sigma_min     (Eq. 6)
sigma_allowable = 2 x Se x (1 - sigma_mean / UTS)     (Eq. 7)
FSF = sigma_allowable / sigma_range     (Eq. 8)

2.4 Section 1 Results
Table 1 gives the FSF for all three components across the full RPM range. The 6000 RPM bolt result was verified by hand — sigma_range = 115.86 MPa, sigma_allow = 547.57 MPa, FSF = 4.726 — and matched the MATLAB output exactly.

Table 1 - Section 1 Goodman Fatigue Safety Factor Summary
	RPM
	Con Rod Midpoint
	Gudgeon Pin
	Con Rod Bolt

	1000
	8.445
	8.878
	9.627

	1500
	6.790
	7.134
	7.728

	2000
	5.490
	5.765
	6.237

	2500
	5.199
	5.460
	5.904

	3000
	4.999
	5.251
	5.676

	3500
	4.828
	5.074
	5.483

	4000
	4.700
	4.940
	5.337

	4500
	4.704
	4.948
	5.344

	5000
	4.542
	4.780
	5.160

	5500
	4.282
	4.507
	4.864

	6000
	4.160
	4.380
	4.726



Figures 3-5 show the Goodman diagrams.. Both limit lines anchor at the UTS point top-right and fan outward to the left. The gold vertical line shows the actual stress range at the worst-case mean stress; the purple line shows the allowable range at the same point. The bigger the gap between them, the higher the safety factor.
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Figure 3 - Goodman diagram: Con rod midpoint. Negative mean stress (compressive) shifts the operating point left, increasing the allowable range.
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Figure 4 - Goodman diagram: Gudgeon pin at point A. Similar compressive mean stress profile to the con rod.
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Figure 5 - Goodman diagram: Con rod bolt. Positive mean stress (~491 MPa) dominated by preload; actual range (115.9 MPa) well within allowable (547.6 MPa).
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Figure 6 - Section 1 FSF summary: all components vs RPM. All values remain above FSF = 1.5 across the full operating range.

A few things stand out from these results:

Over-engineering: Every component clears FSF = 4.0, with the bolt hitting 9.627 at 1000 RPM. These are very healthy margins — in motorsport where mass is critical there is clearly room to take material out without compromising fatigue life.
RPM trend: FSF drops with every RPM step across all three components, which makes sense given inertia force scales with omega squared. The steepest decline is between 1000 and 2000 RPM where inertia transitions from negligible to significant.
Bolt behaviour: The bolt consistently has the highest FSF. The preload forces most of the bolt stress to be static rather than cyclic — at 6000 RPM mean stress is 491.6 MPa but the range is only 115.9 MPa. From a Goodman perspective a high mean with a small range is actually a fairly comfortable operating point.
Compressive mean stress: Both the con rod midpoint and gudgeon pin have compressive mean stresses. On the Goodman diagram this shifts the operating point left, increasing the allowable alternating stress range and giving a better FSF than you would get with the same range but a tensile mean.

3. Section 2 — Extended RPM Range to 9000 RPM
3.1 Interpolation and Extrapolation Methodology
Getting to 9000 RPM needed two different strategies either side of the 6000 RPM data boundary. Within the measured range PCHIP (Piecewise Cubic Hermite Interpolating Polynomial) interpolation was used at every crank angle across the RPM axis. PCHIP was chosen because it preserves the shape and monotonicity of the pressure traces without the ringing that polynomial splines can introduce between data points (Fritsch & Carlson, 1980). Beyond 6000 RPM a linear fit to peak pressure versus RPM (R² = 0.851) was used to scale the 6000 RPM trace amplitude, which is a reasonable first-order assumption based on the trend observed in the measured data. Scale factors were 1.120, 1.206 and 1.292 at 7000, 8000 and 9000 RPM. Unconstrained polynomial extrapolation was tried first but generated pressures above 400 bar at 9000 RPM, which is clearly not physical, so it was not used.
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Figure 7 - Peak cylinder pressure vs RPM showing PCHIP interpolation (solid) and linear scaling extrapolation beyond 6000 RPM. Original data in red.
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Figure 8 - Pressure traces at key RPMs. Solid = PCHIP interpolated; dashed = linearly scaled extrapolation beyond 6000 RPM.
3.2 Extended RPM Results
Table 2 - Con Rod Bolt FSF: Extended RPM Range (* = extrapolated)
	RPM
	smax (MPa)
	smin (MPa)
	sm (MPa)
	Range (MPa)
	FSF

	6000
	549.52
	433.66
	491.59
	115.86
	4.726

	6500
	552.43
	427.53
	489.98
	124.89
	4.396*

	7000
	555.70
	425.57
	490.64
	130.12
	4.215*

	7500
	559.22
	423.85
	491.53
	135.38
	4.045*

	8000
	563.00
	422.35
	492.67
	140.65
	3.886*

	8500
	567.03
	421.08
	494.06
	145.95
	3.736*

	9000
	571.32
	420.04
	495.68
	151.28
	3.595*



FSF drops from 4.726 at 6000 RPM to 3.595 at 9000 RPM, a 23.9% reduction. The stress range is the driver here, growing from 115.86 to 151.28 MPa as inertia forces scale with speed squared. Mean stress barely shifts — staying around 490-496 MPa throughout — because the preload is fixed and dominates. Even at 9000 RPM the bolt is still above FSF = 3.5, comfortably clear of the 1.5 minimum.

[image: ]
Figure 9 - Goodman diagram for the con rod bolt at the extended RPM range (1000-9000 RPM). The operating point migrates rightward with increasing RPM, reducing the safety margin.

4. Section 3 — Con Rod Bolt Redesign
4.1 Redesign Objective and Approach
The bolt passes at 9000 RPM, but losing nearly a quarter of the safety factor compared to the baseline operating range is worth investigating. A CSA sweep from 20 to 120 mm2 was run at 9000 RPM to find what geometry best recovers that lost margin. All other parameters were held constant to keep the comparison clean.






4.2 Redesign Results
Table 3 - Con Rod Bolt: Original vs Redesigned Geometry
	Parameter
	Original
	Redesigned

	CSA (mm2)
	42.43
	120.00

	Diameter (mm)
	7.35
	12.36

	Preload (N)
	22,683
	64,152

	Load factor C
	0.2128
	0.4333

	FSF @ 1000 RPM
	9.627
	13.194

	FSF @ 6000 RPM
	4.726
	6.435

	FSF @ 9000 RPM
	3.595
	4.904



[image: ]
Figure 10 - FSF vs RPM for original and redesigned bolt. The redesigned bolt improves FSF at 9000 RPM from 3.595 to 4.904, a 36.4% improvement.
[image: ]
Figure 11 - Goodman diagram for the redesigned con rod bolt showing improved safety margin across the extended RPM range.

The sweep settled on 120 mm2 (12.36 mm diameter), pushing the 9000 RPM FSF to 4.904 — a 36.4% improvement. One thing to watch is that the larger bolt also raises C from 0.2128 to 0.4333, so more of the inertia load gets transferred to the bolt. This partially cancels the area benefit. Peak stress of 561 MPa stays comfortably below yield at 990 MPa, leaving a 43% margin. In practice though, a 68% jump in diameter is a significant change — the rod cap would need redesigning, tightening torque goes up substantially and the preload nearly triples from 22,683 N to 64,152 N. A waisted shank bolt, which reduces bolt stiffness without needing a larger diameter, would probably be the more practical solution in a real application (Bell, 2006).

4.3 Alternate Materials
Five materials ranging from standard carbon steel through to aerospace alloys were assessed with identical bolt geometry. Fixing the geometry isolates the material effect so any FSF differences are purely down to material properties.





Table 5 - Con Rod Bolt FSF: Material Comparison at 6000 and 9000 RPM
	Material
	UTS (MPa)
	FSF @ 6000
	FSF @ 9000
	Change

	Medium Carbon Steel (baseline)
	1100
	4.726
	3.595
	-23.9%

	High Strength Alloy Steel (4340)
	1300
	5.525
	4.207
	-23.9%

	Ultra High Strength Steel (H11)
	1600
	6.723
	5.124
	-23.8%

	Titanium Alloy (Ti-6Al-4V)
	950
	7.089
	5.402
	-23.8%

	Inconel 718
	1380
	5.844
	4.452
	-23.8%



[image: ]
Figure 14 - Bolt FSF comparison across candidate materials. All materials maintain FSF well above 1.5; titanium alloy achieves the highest FSF despite the lowest UTS due to its lower elastic modulus.

The headline result is that every material shows essentially the same 23.8-23.9% FSF drop from 6000 to 9000 RPM. Stronger material moves the absolute level up but does nothing to the rate of decline. That is expected — the degradation comes from inertia forces scaling with omega squared, which is a purely kinematic effect that no material choice can change. Some specific points on the individual materials:

Titanium alloy (Ti-6Al-4V): Gets the best FSF of the group at 7.089 despite having the lowest UTS at 950 MPa — which at first seems backwards. The key is elastic modulus: at 114 GPa it is about half that of steel, which lowers bolt stiffness and cuts the load sharing factor C. Less of the inertia force reaches the bolt. The lower density also reduces reciprocating mass, shrinking the inertia force before it even gets to the bolt. These advantages are exactly why titanium connecting rod bolts are standard in F1 and MotoGP (Bell, 2006).

Ultra-high strength steel (H11): At 1600 MPa UTS this gives the best FSF among the steel options at 6.723. Higher UTS lifts Se proportionally and widens the allowable range. The downside is brittleness — at this strength level heat treatment needs tight control and the material does not tolerate shock loading well (Juvinall & Marshek, 2011).

Inconel 718: FSF = 5.844 with excellent thermal stability up to around 650°C. While this thermal capability is not a dominant factor within the scope of this analysis, it would become more significant in higher temperature applications where heat transfer into the bottom end is increased, offering an advantage over conventional steel options.

AISI 4340 alloy steel: Probably the most sensible all-round choice for a production performance application. FSF = 5.525 is a solid step up from the baseline, fatigue behaviour is well documented in the literature, and nothing unusual is needed in manufacture or heat treatment.


5. Section 4 — Instantaneous Torque Analysis
5.1 Torque Calculation
Instantaneous crank torque at each degree of rotation was found by resolving the gas and inertia forces through the con rod angle phi. The formulation used (Eqs. 9-11) keeps gas and inertia torque separate before combining them, which makes it easier to understand what each one contributes:

T_gas = F_gas x tan(phi) x R x cos(theta) + F_gas x R x sin(theta)     (Eq. 9)
T_inertia = F_inertia x tan(phi) x R x cos(theta) - F_inertia x R x sin(theta)     (Eq. 10)
T_crank = T_gas + T_inertia     (Eq. 11)

The inline crank spaces the four cylinders at 0, 180, 360 and 540 degrees. The cross-plane staggers them at 0, 270, 180 and 90 degrees — the 1-3-2-4 firing order. Both are assessed at 6000 RPM using the measured pressure data.

5.2 Results and Comparison
Table 4 - Instantaneous Torque: Inline vs Cross-Plane at 6000 RPM
	Metric
	Inline (Flat-Plane)
	Cross-Plane

	Mean Torque (Nm)
	229.8
	229.8

	Std Dev (Nm)
	162.6
	358.5

	Peak-to-Peak (Nm)
	602.0
	1322.8

	Max (Nm)
	583.8
	1032.7

	Min (Nm)
	-18.2
	-290.1



[image: ]
Figure 12 - Instantaneous engine torque vs crank angle at 6000 RPM. Cross-plane peak-to-peak ripple of 1322.8 Nm is 120% greater than inline (602.0 Nm) at equal mean torque (229.8 Nm).
[image: ]
Figure 13 - Torque frequency spectrum. The inline configuration concentrates energy at lower frequencies; the cross-plane shows significant energy at 300 Hz (3rd-order harmonic at 6000 RPM).

Mean torque is identical at 229.8 Nm — the thermodynamic work is the same regardless of crank layout. The difference is in how that torque is delivered. The cross-plane peak-to-peak ripple of 1322.8 Nm is 120% larger than the inline at 602.0 Nm, with the crank swinging between 1032.7 and -290.1 Nm. For a road car that level of fluctuation needs a heavy flywheel to smooth it out and would create noticeable NVH (noise, vibration and harshness) issues — inline is clearly better here. In motorsport it is a different calculation. A lighter flywheel improves throttle response, the torque characteristics at high RPM suit high-revving engines, and the uneven exhaust note is considered part of the character rather than a problem (Smith, 1984). Figure 13 backs this up — the inline energy falls sharply after the fundamental while the cross-plane carries meaningful content at higher harmonics.

7. Limitations
This analysis includes several simplifying assumptions. Material properties were assumed constant and thermal effects were not considered, which may affect fatigue behaviour in real operation. The loading model is based on idealised kinematics and measured pressure data, which does not include secondary effects such as friction or combustion variability. Pressure data extrapolated beyond 6000 RPM assumes similar combustion behaviour, which may not fully reflect higher speed operation. However, the overall trends remain consistent with expected physical behaviour.
8. Conclusions
All three components returned FSF values above 4.0 across 1000-6000 RPM, well clear of the 1.5 minimum. The margins are generous enough that reducing component mass would be feasible without compromising fatigue life — probably the most actionable conclusion from a motorsport design perspective.

Bolt FSF drops from 9.627 at 1000 RPM to 4.726 at 6000 RPM, then to 3.595 at 9000 RPM. The decline is driven by inertia forces growing with the square of speed. Despite this the bolt never falls below FSF = 3.5, so no fatigue failure is predicted anywhere in the extended operating range.

Increasing bolt CSA from 42.43 to 120.00 mm2 (7.35 to 12.36 mm diameter) raises the 9000 RPM FSF from 3.595 to 4.904 — a 36.4% improvement. Peak stress of 561 MPa stays below yield at 990 MPa with a 43% margin. The dimensional implications of that diameter change are significant and would need careful consideration in a real redesign. Mean torque is identical at 229.8 Nm but the cross-plane produces 120% more ripple (1322.8 vs 602.0 Nm peak-to-peak). Inline configuration suits road cars where smooth power delivery and low NVH matter. 
Titanium (Ti-6Al-4V) achieves the best bolt FSF at 7.089 despite its relatively low UTS — the elastic modulus and density advantages outweigh the strength deficit. All five materials show the same 23.8-23.9% FSF reduction from 6000 to 9000 RPM, which confirms the speed-dependent degradation is kinematic and cannot be addressed by material choice alone.


Cross-plane is better for motorsport where instantaneous torque characteristics improve throttle feel and a lighter flywheel is desirable.
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